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SECTION 1.0
SUMMARY
This program focused on the definition of high load damping requirements for
modern jet engines, and the evaluation, selection and design of damping
systems which could satisfy these requirements. In order to evaluate high load
damping requirements, engines representative of three classes of modern gas
turbines were studied; large transport engines, small general aviation
engines, and military engines. Four damper concepts applicable to these
engines were evaluated; multi-ring squeeze film damper, cartridge squeeze film
damper, curved beam damper, and a combination viscous (squeeze film)/friction
damper. The most promising damper concept was selected for each engine and
performance was assessed relative to conventional dampers and relative to
projected damping requirements for advanced jet engines.
A hypothetical representative engine model was specified for each of the three
engine classes, and damping requirements for one sensitive rotor bending mode
for each engine were investigated. Mode selection was based on sensitivity to
imbalance and the probability of being subject to a high imbalance load
condition. The military and small general aviation engines were found to have
a sensitive turbine mode within the operating range, while the large transport
engine had a high compressor bending mode. Maximum imbalance was based on the
loss of a single airfoil blade in the turbine or compressor, as applicable.
The highest imbalance was of the order of 3600 gm-cm for both the military and
large transport engines, and 720 gm-cm for the small general aviation engine.
Selection of required damper characteristics to control each mode was based on
meeting allowable rotor-to-case gap reductions and bearing loads.
Four damper concepts were evaluated in the study. A preliminary review was
conducted to determine whether they could be designed to supply the damping
and stiffness required to control the specified mode for each engine. As a
result of this analysis, two concepts were selected for application to the
representative engines. The curved beam damper was chosen for the military and
small general aviation engines due to its linearity and compactness. A
conventional closed ended squeeze film damper with a large clearance and
parallel spring support was selected for the large transport engine. The large
bearing size in this type of engine allows sufficient stiffness and damping
coefficients with reasonable oil film dimensions.
The performance of the selected damper concepts was assessed analytically,
based on predicted vibration loads and deflections for the representative
engines. The dampers were sized to meet the high load damping requirements for
each engine, and forced response analysis models which included rotors and
case structures were developed. Steady state forced response analyses were
conducted for each engine, covering the range of imbalance from normal
residual to the most severe. The predicted response with the high load dampers·
was compared to the response with conventional squeeze film dampers designed
for normal residual imbalance only. The high load dampers performed well in
their respective applications, maintaining engine loads and deflections within
required limits. The conventional squeeze film dampers could not control high
imbalance loads in the representative engines.
The major conclusions drawn from this study are as follows:
a Conventional squeeze film dampers designed for normal residual imbalance
are too nonlinear to function well under high imbalance load conditions.
o The curved beam damper showed the greatest potential for successful
application in future engines due to its linearity and independent control
of stiffness and damping.
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•SECTION 2.0
INTRODUCTION
The higher thrusts and greater efficiencies of advanced jet engines require
higher operating speeds and more flexible rotors and case structures. This
advance in engine dev~lopment puts a greater emphasis on rotor vibration and
associated loads and deflections. The higher speeds and lighter, more flexible
structures result in rotor natural frequencies which are below maximum rotor
speeds. In addition, loads and deflections caused by rotor imbalance are
increased because of higher speeds and resonance effects.
Squeeze film dampers have been used effectively in past and current gas
turbine engines to control vibration caused by residual rotor imbalance. The
capability of these devices to attenuate the relatively low levels of
vibrational energy caused by residual rotor imbalance has been demonstrated in
both theory and experience. However, these dampers are not designed to handle
unusual and severe imbalances.
Squeeze film dampers have inherent theoretical and practical limitations which
reduce their effectiveness in handling a high imbalance load such as that
which might be produced by blade damage from bird or foreign object ingestion.
The forces produced by a squeeze film damper are highly nonlinear and increase
rapidly as the damper excursion, which is dependent on imbalance, becomes
large. Thus, to produce high damping forces, a squeeze film damper must
theoretically operate at very high eccentricities. With this constraint,
effectiveness is seriously impaired by the following:
o Surface to surface contact can occur in the.damper, thereby disrupting
the hydrodynamic film and therefore altering stiffness and damping forces.
a Stiffness of the oil film increases rapidly, a situation which allows
more of the vibrational energy to be transferred to the static structure,
i.e., high transmissibility.
o Oil leakage past the seals can reduce damper load capacity significantly
below predicted levels.
The requirements placed on a damper to control high load vibration modes are
functions not only of the load level and type of mode but also the type of
engine and the mission it is expected to complete. Commercial transport
engines have the highest imbalances during blade loss due to their large fan
and turbine blades. However, these engines may not need to continue running
under such high loads because the plane may land safely using the remaining
engines. The situation is different with military engines; smaller than the
commercial engines and with generally lower vibration loads, continued
operation of these engines for limited periods may be necessary under high
imbalance load conditions. Finally, small general aviation engines are
subjected to lower imbalances because of their smaller rotor and airfoil
sizes. Yet, high operating speeds produce high loads, and the lighter and
softer engine case and support structures have limited load carrying
capabilities.
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This program was designed to add to the technology base which will be used to
develop dampers for modern gas turbine engines which are subject to high
imbalance loads. The dynamic characteristics of three major classes of modern
jet engines were defined and damping systems were developed to control engine
vibration response under high and low imbalance loads.
Section 3.0 of this report describes the characteristics of the representative
engines and the basic features of the damper concepts which were evaluated.
Section 4.0 provides detailed information on the analytical methods and
results used in this study.
Section 5.0 contains a discussion of the damping requirements for each engine
and an assessment of the performance of the selected damper concepts.
Section 6.0 presents conclusions from this study and recommendations for
additional effort in the analysis of high load dampers.
4
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SECTION 3.0
ENGINE MODELS AND DAMPER CONCEPTS
Advanced jet engines will be used for a wide variety of applications,
including small commuter aircraft, high performance fighter planes, and
large-scale commercial transports. The engines developed for these
applications will differ in design philososphy, operating conditions, and
susceptibility to in-flight problems. However, due to the world fuel
situation, higher thrust and greater efficiency will be common requirements
for all advanced engines. One important step toward meeting these requirements
is the development of lightweight, flexible rotor systems capable of operating
at higher speeds than current cies i gns. These advancea rotor systems will be
subject to high load vibration conditions unlike those encountered in current
engines.
In order to evaluate high load aamping requirements for aavanced jet engines,
analytical models were developed for three major engine classes: small general
aviation engines, military turbojets and turbofans, and large transport
turbofans. The models for these representative high-technology engines were
modified to establish a sensitive vibration mode, where loads and deflections
due to rotor imbalance are likely to exceed design limits, within the
operating range of each engine. Four high load damping concepts (multi-ring,
cartridge, curved beam, and viscous/friction) were evaluated. Each concept
offered the potential to effectively control engine vibration response to high
imbalance loads.
3.1 ENGINE MODELS
In order to predict high load vibration response, an analytical model was
developed for each major class of advanced engine. Three Pratt &Whitney
Aircraft engines were used as the basis for these models. The representative
engine in each class was modified to establish a sensitive vibration mode
within the operating speed range. The resulting sensitive mode was used to
evaluate the high load damping requirements for each class of engine and to
develop solutions to the high load vibration problem. The modifications made
for each model consisted of changes to rotor mass and stifness as well as
shifts of operating speed range to reflect advanced higher speed engines.
In this section, a line diagram is used to illustrate the key features of each
engi ne mode 1. The 1i ne diagram shows the rotors and static cases, as we 11 as
various support locations between rotating and nonrotating ~tructures. Each
line in the diagram consists of lumped masses representing disks, blades,
supports, and rotors, connected by massless springs which represent rotor,
stator, and support stiffnesses.
3.1.1 Large Transport Engines
Engines in this class are generally dual-rotor high bypass ratio turbofans
with thrust ratings in the 88,960 Nto 270,000 N (20,000 to 60,000 lbs) range
and operating speeds of less than 20,000 rpm. The Commercial PrOducts Division
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of Pratt &Whitney Aircraft has designed and built thousands of these
powerplants for large scale commercial transports, including JT8D and JT9D
engines. Large transport turbofans have t~e highest imbalances during blade
loss due to their large fans and turbines. Safe shutdown following blade loss
or foreign object damage is considered the key criterion for this class of
engine.
The model used to represent an advanced large scale transport engine is a
modified dual-rotor turbofan with the following characteristics:
Type of Engine:
Thrust:
Dual Spool Turbofan
222,000 N (50,000 lb)
Speed: Low Rotor 1000 - 3800 rpm
High Rotor 4700 - 8500 rpm
Dimensions: Length 394 em (155 in)
Diameter 244 cm (96 in)
Number of Stages: Fan 1
Low Compressor 4
High Compressor 11
High Turbine 2
Low Turbine 4
Low Rotor Weight: 1040 kg ~2300 lb)
High Rotor Weight: 590 kg (1300 lb)
Engine Weight: 4080 kg (9000 lb)
The line diagram for the large transport engine model is presented in Figure
3.1-1. The low rotor for this model includes the fan, low pressure compressor
and the low pressure turbine. It is approximately 330 cm (130 in) long and
supported on two bearings. The high rotor consists of the high pressure
compressor and the high pressure turbine. It measures 165 cm (65 in) and is
supported on two bearings. The assumed stiffnesses for all four bearings are
listed in Table 3.1-1. As shown in the line diagram, the large transport
engine was modeled as a six line system for critical speed and forced response
analyses.
In order to evaluate high load damping requirements for advanced transport
engines, a high compressor vibration mode was brought within the operating
range of the model. This mode is sensitive to compressor blade loss, which
could result from foreign object damage. Rotor deflections and bearing loads
resulting from compressor blade loss could exceed the limits established for
safe shutdown of the engine. The shape of the high compressor vibration mode,
the critical speed at which it occurs, and the energy distribution through the
rotor are described in detail in Section 4.1.1.
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Figure 3. 1- 1 Line Diagram for Large Transport Engine Model
Table 3.1-1
Assumed Stiffnesses for Large Transport Engine Bearings
Bearing
Number
2
3
4
3.1.2
~ Location Assumed Stiffness
Ball Low Rotor 390 MN/m (2.2 x 106 lb/in)
Ball High Rotor 310 MN/m (1.76 x 106 lb/in)
Roller High Rotor 160 MN/m (9.2 x 105 1b/i n)
Roller Low Rotor 150 MN/m (8.5 x 105 1b/i n)
Small General Aviation Engines
This class of engines includes turbojets and turbofans with a thrust rating up
to 88,960 N (20,000 lbs) and operating speeds of 20,000 rpm or more. Typical
engines in this category are the JT12 and JT15D, manufactured by the
7
Commercial Products Division of Pratt &Whitney Aircraft and Pratt &Whitney
Aircraft of Canada, respectively. Due to their smaller rotor and airfoil size,
general aviation engines are subjected to lower imbalances than military and
commercial transport engines. However, their higher operating speeds produce
high loads, and their lighter and softer engine cases and support structures
have limited load carrying capacities. As with large transport engines, safe
shutdown following blade loss or foreign object damage is the key criterion
for small general aviation engines.
The model used to represent advanced general aviation engines is a modified
single spool turbojet with the following characteristics:
Type of Engine: Single Spool Turbojet
Thrust Rating: 13340 N (3000 lb)
Speed: 9000 - 20,000 rpm
Dimensions: Length 178 em (70 in)
Diameter 56 cm (22 in)
Number of Stages: Compressor 9
Turbi ne 2
Rotor Weight: 70 kg (150 lb)
Engine Weight: 200 kg (450 lb)
The line diagram for the small general aviation engine model is shown in
Figure 3.1-2. The rotor, which includes the compressor and turbine, is
approximately 127 cm (50 in) long and supported on three bearings (see Table
3.1-11). This engine was modeled as a two line system for dynamic analyses.
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Line Diagram for the Small General Aviation Engine Model
Table 3.1-II
Assumed Stiffnesses for Small General Aviation Engine Bearings
Bearing
Number
2
3
~
Ro 11 er
Ball
Roll er
Assumed Stiffness
64 MN/m (3.64 x 105 lb/in)
43 MN/m (2.45 x 105 lb/in)
28 MN/m (1.6 x 105 lb/in)
In order to evaluate high load damping requirements for advanced general
aviation engines, a turbine vibration mode was brought within the operating
range of the model. This modification was based on experience which indicates
that these engines could be susceptible to turbine blade loss if the mode were
within the high speed range. Although the severity of engine vibration depends
on several factors (turbine stage, speed at which the blade is released, and
proximity of the sensitive mode), bearing loads and blade deflections are
likely to exceed design limits following blade loss at the critical speed. The
shape of the turbine vibration mode, the critical speed at which it occurs,
and the energy distribution through the rotor are described in detail in
Section 4.1.2.
3.1.3 Military Engines
Thi s class compri ses turbojets and turbofans used in hi gh performance mil itary
aircraft. Thrust ratings range from 44,480 N to 133,450 N (10,000 to 30,000
lbs) and operating speeds are generally 20,000 rpm or less. The Government
Products Division of Pratt &Whitney Aircraft has manufactured a large number
of military engines, including the J57, J75, TF30, TF33 and F100. Because
military aircraft are often powered by a single engine, continued operation
under high imbalance loads is the key criterion in evaluating damper
capabil ity.
The model used to represent advanced mil itary engines is a dual spool turbofan
with the following characteristics:
Type of Eng i ne:
Thrust Rating:
Speed:
Dimensions:
Turbofan with Augmentor
11,200 N (25,000 lb)
Low Rotor 4700 - 11,500 rpm
High Rotor 8800 - 14,700 rpm
Length 485 cm (191 in)
Diameter 117 cm (46 in)
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Number of Stages: Fan 3
High Compressor 10
High Turbine 2
Low Turbine 2
Low Rotor Weight: 160 kg (360 lb)
High Rotor Weight: 200 kg (440 lb)
Engine Weight: 1360 kg (3000 lb)
The line diagram for the military engine model is shown in Figure 3.1-3. In
this model, the low rotor includes the fan and low pressure turbine. It is 205
cm (80 in) long and supported on three bearings. The high rotor consists of
the high pressure compressor and high pressure turbine. It is 114 em (45 in)
long and supported on two bearings. The assumed stiffnesses for all five
bearings are listed in Table 3.1-111. As shown in the diagram, the military
engine was modeled as a five line system for dynamic analyses.
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Fig ure 3. 1-3 Line Diagram for the Military Engine Model
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Table 3.l-II I
Assumed Stiffnesses for Military Engine Bearings
Bearing
Assumed StiffnessNumber ~ Location
Roller Low Rotor 88 MN/m (5.0 x 105 1b/in)
..
2 Ba 11 Low Rotor 210 MN/m (1 .2 x 106 1b/in)
3 Ba 11 High Rotor 65 MN/m (3.7 x 105 1b/in)
4 Ro 11 er High Rotor 470 MN/m (2.7 x 106 1b/in)
5 Ro 11 er Low rotor 88 MN/m (5.0 x 105 1b/in)
In order to evaluate high load damping requirements for this advancea military
engine, a low turbine vibration mode was brought within the operating range of
the model. This mode is sensitive to low turbine blade loss which experience
shows could be produced by foreign object damage or component failure (e.g.,
combustor liner or fatigue failure due to general erosion and higher than
anticipated vibratory stress). Because of the design of the representative
engine, this incidence of blade loss could cause severe vibration, leading to
structural failure. The shape of the low turbine vibration mode, the critical
speed at which it occurs, and the energy distribution through the rotor are
described in detail in Section 4.1.3.
3.2 DAMPER CONCEPTS
Four aavanced aamper concepts appear to have the potential to control rotor
vibration in tomorrow's jet engines. These designs provide a significant
improvement in high load damping capability relative to conventional squeeze
fi 1mdampers:
o Multi-Ring Damper - Several small clearance squeeze film dampers
separated by thin rings provide a higher load-carrying capacity than a
single film damper with the same total clearance.
o Cartridge Damper - Use of a sealed unit allows fluid viscosity and supply
pressure to be adjusted to specific engine requirements.
o Curved Beam Damper - Curved springs or beams provide constant radial
stiffness and constant viscous damping over the entire operating range.
o Viscous/Friction Damper - Annular friction plates operating in series
with a conventional squeeze film damper provide flexibility in meeting
low and high load damping requirements.
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Conventional dampers have been proven to be very effective in controlling low
imbalance loads, i.e., vibration caused by residual rotor imbalance.
Basically, squeeze film dampers consist of an oil-filled annular cavity
between two nonrotating surfaces, such as a bearing and a housing. When one
surface moves relative to the other, the oil is squeezed and sheared, and
generates hydrodynamic forces (References 1 and 2). These forces oppose the
motion and reduce engine vibration response by dissipating energy in the form
of heat.
Conventional dampers designed to control low and moderate imbalance loads are
not effective under high imbalance loads. The high loads require large damper
amplitudes, often larger than the damper clearance. This operating condition
is highly nonlinear and leads to high load transmissibility caused by surface
to surface contact and loss of damping due to oil leakage and film breakdown.
The damper concepts evaluated in this program can be designed to provide
effective high and low load damping. This section contains a general
description of each damper concept. The mathematical models used to analyze
these damper systems are discussed in detail in Section 4.3.
3.2.1 Multi-Ring Damper
The multi-ring damper concept uses the capabilities of several squeeze films
in series (see Figure 3.2-1). Two or more squeeze films are established by
installing thin rings (which are neither centered nor externally supported) in
the oil cavity. The cavity is either axially sealed or open. If the cavity is
sealed, there is no axial flow in the damper; only circumferential flow is
considered in the analysis. When the cavity is open, axial flow is assumed to
predominate and circumferential flow is neglected.
Since the hydrodynamic forces in a squeeze film damper are inversely
proportional to the third power of the clearance, a multi-ring damper has a
significantly higher load carrying capacity at the same amplitude than a
conventional squeeze film damper with the same total clearance. (Even though
the series arrangement reduces effective stiffness and damping, the increase
in dynamic forces resulting from the reduction in clearance exceeds the
decrease due to the series arrangement.) As with conventional dampers, the
forces produced by a multi-ring damper are nonlinear at high eccentricity
ratios. However, proper design can reduce operating eccentricity ratios and
provide effective high and low load damping capability.
Rotation and flotation of the intermediate rings make the multi-ring damper a
difficult concept to analyze. But with certain basic assumptions (explained in
detail in Section 4.3.1) high load damping capability can be effectively
evaluated.
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3.2.2 Cartridge Damper
A cartridge damper (see Figure 3.2-2) is a tightly sealed self-contained
squeeze film damper filled with a highly viscous fluid. It can be either the
short type (open to axial flow) or the long type (axially sealed).
The cartridge damper concept provides an attractive alternative to
conventional squeeze film dampers. The high viscosity fluid used in the
cartridge damper provides greater load carrying capacity than the bearing
lubrication oil used in conventional dampers. In addition, the fluid can be
pre-pressurized to suppress radial stiffness and increase damping forces. This
control over fluid viscosity and supply pressure permits cartridge damper
configurations to be tailored to the damping requirements for specific types
of engines.
Because the cartridge damper is a sealed unit, an external system is required
to extract the dissipated heat energy, thereby increasing complexity and
weight. Further, since leakage can be critical, more periodic maintenance
checks are required than with other damper concepts.
3.2.3 Curved Beam Damper
The curved beam damper (Figure 3.2-3) contains curved springs or beams which
center the damper, provide radial stiffness, and maintain pockets of oil which
are squeezed under load (Reference 3). Radial stiffness (which is related to
beam flexibility) depends on the geometry of the beam and the boundary
conditions at the end of the beam. Viscous damping capability is provided by
pumping engine lubrication oil through inlet ports as the shaft whirls. In the
analysis, it is assumed that the damping force is proportional to the fluid
velocity, which is in turn proportional to the shaft whirl velocity.
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Curved Beam Damper Concept
The curved beam damper is compact, lightweight, and capable of handling larger
imbalances than conventional squeeze film dampers. Properly-designed radial
clearances and inlet and outlet ports will allow the damper to provide
constant radial stiffness and damping coefficients over the entire operating
range. It also has the advantage of independent control of stiffness and
damping.
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3.2.4 Viscous/Friction Damper
The viscous/friction damper consists of a number of annular friction plates,
held together by an axial clamping force, operating in series with a
conventional squeeze film damper (see Figure 3.2-4). This concept has been
tested at Pratt &Whitney Aircraft to determine the damping characteristics of
the friction plates (Reference 4). Effort is currently underway to investigate
the combined viscous/friction damping characteristics .
HYDRAULIC LOAD
(AXIAL CLAMPING)
FRICTION PLATES
OIL FILM (CONVENTIAL
.........r-+~ SQUEEZE FILM DAMPER)
SHAFT
Figure 3.2-4 Viscous/Friction Damper Concept
In this system, th~ squeeze film damper controls residual rotor imbalance.
However, when a specified load level is exceeded (e.g., following blade loss),
the additional vibrational energy is dissipated by the friction plates. This
dual damper concept provides a great deal of flexibility in designing a damper
system which effectively satisfies both high and low load damping
requirements. The viscous/friction damper is larger and heavier than the other
damping systems, but the flexibility it provides can offset the weight penalty.
Because the friction plates are subject to wear, the viscous/friction damper
will require periodic maintenance. Further, the friction force is constant at
all damper amplitudes, making the system nonlinear over the operating range.
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SECTION 4.0
ANALYTICAL METHODS,
4.1 CRITICAL SPEED ANALYSIS
A detailed analysis was conducted to identify the critical speeds for the
representative large transport, military and general aviation engines. At
these critical speeds, engine vibration response can exceed load and
deflection limits, compromising engine performance and structural integrity.
For many of the critical speed modes, vibration energy is absorbed by the
engine case, bearings and supports, and additional damping is not required.
However, with shaft bending modes, vibration energy cannot be completely
controlled by the engine support structure, and additional damping is
required. These modes are sensitive to imbalance and could be excited by
foreign object damage or blade loss. In this study, a shaft bending mode was
brought within the operating speed range of each engine. This mode was used to
determine which type of high load damper would most effectively control
vibration response in advanced jet engines.
Basically, a critical speed analysis provides detailed information on the
natural frequency vibration modes which define the dynamic behavior of a jet
engine. Gas turbines are multi-degree of freedom systems with distinct natural
frequencies and corresponding mode shapes (ranging from vibration in the case
to severe bending in the shaft). Due to gyroscopic effects and variable
bearing properties, these natural frequencies depend on the operating speed of
the engine. The speeds at which the natural frequency of the engine equals the
rotational frequency are termed critical speeds. Operating the engine at these
critical speeds without proper damping can affect engine performance and
structural integrity.
For each critical speed, the mode shape and distribution of vibration energy
throughout the engine are evaluated to determine the severity of the mode. If
the mode is highly sensitive to external loads, such as blade loss and foreign
object damage, it is desireable to drive the mode out of the operating speed
range. If this approach is not feasible, engine vibration response can be
analyzed under various conditions and a high load damping system developed.
Engine vibration response depends on the magnitude and location of imbalance,
operating speed, proximity of the critical speed, and damping capability
already available in the engine.
Due to size and complexity, there is a variety of critical speed modes in a
gas turbine engine. However, critical speed modes can be grouped in three
general catgories:
1) Case Modes - Most of the activity or motion occurs in the case structure,
where large amounts of strain energy and kinetic energy are generated. Because.
of material damping and friction at the flanges and bolt locations, case modes
tend to be relatively insensitive to excitation by imbalance.
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2) Rigid Body Modes - Rotors and/or cases deflect as rigid bodies. All of
the strain energy in the system is distributed through the engine supports or
the bearings and support structures connecting the rotor(s) and cases. (An
entire rotor bouncing or pitching relative to the engine cases is considered a
typical rigid body mode.) These modes may be sensitive to imbalance, but they
can be controlled by conventional dampers.
3) Shaft Bending Modes - A significant degree of bending occurs in the
rotor(s) where a considerable portion of the strain energy in the system is
distributed. Synchronous shaft bending modes tend to be quite sensitive to
imbalance; the shaft does not flex cyclically and hence does not dissipate
energy through material damping or internal friction. More specifically,
experience has shown that shaft bending modes with more than 25% of the total
system strain energy in the shaft are so sensitive to imbalance that they must
either be moved out of the operating range or controlled by a damping
mechanism.
These categories provide a convenient framework for discussion; in practice,
critical speed modes are quite complex and exhibit a combination of
characteristics. In this study, emphasis was placed on shaft bending modes due
to their sensitivity to imbalance and tendency to transmit high loads through
the bearings and dampers.
The critical speed analysis used in this study is based on theProhl approach
(Reference 5). The steady state variables (deflection, slope, moment and
shear) at lumped mass stations are defined by the transfer matrix method.
Rotors, stators, and intermediate support structures are modeled as lines.
Each line consists of a number of mass stations connected by massless spring
elements. The mass stations account for inertia and gyroscopic effects while
the spring elements represent bending and shear flexibilities. A beam bending
approximation is used to calculate flexibilities between mass stations.
Connections between two lines are defined by solving the shear force and
moment equations at the joints. A characteristic determinant is obtained and a
speed search is conducted to identify the critical speeds at which the
determinant goes to zero. The critical speeds are then substituted back into
the transfer matrix to generate the deflections, slopes, moments and shear
forces at all the mass stations. The mode shape is defined by deflection and
slope. Once this definition is complete, the percent distribution of kinetic
energy and strain energy in each of the components is calculated.
Results of the analysis for each of the representative engines are presented
on the following pages.
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4.1.1 Large Transport Engine
Fifteen critical speed vibration modes were identified for the large transport
engine. A high compressor vibration mode at 7783 rpm was selected for further
analysis. This mode is characterized by a high level of strain energy in the
high rotor (high pressure compressor and turbine) which is difficult to
dissipate without an external damping mechanism. In addition, there is a great
deal of motion at the compressor, indicating a sensitivity to compressor
imbalance. An advanced large transport engine is expected to operate safely at
this speed under high levels of imbalance. Installing a high load damper at
the Number 2 bearing provides a method of satisfying this requirement.
The representative large transport engine is a dual rotor turbofan. The low
rotor, which is supported on two antifriction bearings, runs between 1000 rpm
and 3800 rpm. The high rotor, which is also supported on two antifriction
bearings, operates between 4700 rpm and 8500 rpm. Separate critical speed
analyses were conducted to obtain low rotor excited critical speeds and high
rotor excited critical speeds. Gyroscopic effects were evaluated by assuming a
linear speed relation between the two rotors. Results of the analyses are
summarized in Figures 4.1-1 and 4.1-2. For simplicity, only the synchronous
rotor mode shape is presented in the figures and the percent distribution of
energy in the other components is listed. The distribution indicates the
degree of participation of other rotor and static (nonrotating) structures. A
more detailed discussion of the analyses follows.
4.1.1.1 Low Rotor Excited Modes
The low rotor excited modes shown in Figure 4.1-1 tend to be relatively
insensitive to low rotor imbalance. Significant amounts of vibration energy
are dissipated in the case structure or high rotor.
The first and third modes at 748 and 2243 rpm are classic case modes. Over 90%
of the system activity, as measured by kinetic and strain energy levels, is
found in the case structure. These modes benefit from material and coulomb
damping in the cases and are very insensitive to imbalance.
The remaining modes at 1388, 2808 and 3452 rpm show increased low rotor
activity, but they are still predominantly case modes with over 65% of the
system strain energy in cases and supports. These modes also show some
coupling with high rotor modes, as evidenced by the increased strain energy in
cases and supports. However, this high rotor activity is of little concern;
experience has shown that these coupled modes are not easily excited from the
low rotor through the case to the high rotor. The fifth mode at 3452 rpm has
the highest level of low rotor activity and the greatest sensitivity to low
rotor imbalance. This mode is not considered sensitive enough to require
control via squeeze film dampers or any other damping mechanism.
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LOW ROTOR CRITICAL SPEEDS
BELOW IDLE
SPEED MODE SHAPE (LOW ROTOR) ENERGY DISTRIBUTION
LOW PlOTOPl HIGH ROTOPI CASE
STRUCTUPIE
741-~ -- KINETIC ENERGY ~ 4% 4% 52%STRAIN ENERGY ~ 1% 0% 95%
eEAPlING NO. 1 ~ 0% NO.2 0%
eEARING NO. 4 ~ 0"10 NO.3 0%
ABOVE IDLE
SPEED MODE SHAPE (LOW ROTOR) ENERGY DISTRIBUTION
---
LOW ROTOR HIGH ROTOR CASE~ STPlUCTUPlE131111 C-7 . .- KINETIC ENERGY ~ 21"10 17% 62%
STPIAIN ENERGY ~- 2% 1% 55%
eEAPlING NO. 1 ~ 0% NO.2 0"10
eEARING NO. 4 ~ 1% NO.3 1%
2243 1----7 ~ KINETIC ENEPIGY ~ .% 2% 50%STRAIN ENERGY 5% 0% 92%IEAPIING NO. 1 ~ 0% NO.2 1%BEARING NO. 4 ~ 1% NO.3 1%
21101 ~ ~~ . KINETIC ENEIlGY ~ 7% 30% 63%STRAIN ENERGY ~ 1% 1-/0 '5%
eEAPlING NO. 1 ~ 10/. NO.2 0%
IlEARING NO. 4 ~ 1% NO.3 7%
/ ~3452 - KINETIC ENEPIGY ~ 4i% 21% 33%STRAIN ENERGY ~ 14% 1-/0 i7%eEARING NO. 1 ~ 7% NO.2 0%
IlEAPlING NO. 4 ~ 4% NO.3 7%
Figure 4.1-1
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Low Rotor Critical Speed Mode Shapes and Energy Distribution;
Large Transport Engine
HIGH ROTOR CRITICAL SPEEDS
BELOW IDLE
SPEED MODE SHAPE (LOW ROTOR) ENERGY DISTRIBUTION
-
HIGH LOW CASE
IlOTOIl ROTOIl STRUCTUIlE
1334 ~~
KINETIC ENEIlGY = 11% 21% 54'70
STRAIN ENERGY ~ 1% eo/. 19%
BEARING NO. 2 ~ 0% NO.1 0"10
IlEARING NO. 3 ~ 1"1. NO.41%
~ KINETIC ENERGY ~ 5% 72"10 25%1963 ~ STRAIN ENERGY = 1"1. 77% 11%IlEARING NO. 2 ~ 0% NO.1 1°/.IlEAIlING NO.3 = 1% NO.42%
--- KINETIC ENERGY ~ 2% 20% 71%2161 f----. STRAIN ENEIlGY = 1% 11% 1&%
IlEAIlING NO. 2 ~ 0% NO.1 0%
IlEARING NO.3 = 0°/. NO.41%
~ KINETIC ENERGY = 35% 4% 61%2746 f----. . . . STIlAIN ENERGY = 2% 2% 17%
-----
IlEARING NO.2 = 0% NO.1 0°/.
aEARING NO.3 = 1% NO.4 1"10
-- KINETIC ENERGY ~ 7% 44% 49%
3512 1---' ~ STRAIN ENEIlGY = 1"1. 22"10 72%IlEAIlING NO. 2 ~ 1% NO.1 0%
IlEAIlING NO.3 = 2% NO.42%
~ KINETIC ENEIlGY ~" 1&·/0 33% 510/03755 1---. STIlAIN ENERGY ~ 2% 12% 73%
IlEARING NO. 2 ~ 0% NO.1 1%
IlEARING NO. 3 ~ 7% NO.450/0
Figure 4.1-2 High Rotor Critical Speed Mode Shapes and Energy Distribution;
Large Transport Engine
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ABOVE IDLE
SPEED MODE SHAPE (HIGH ROTOR) ENERGY DISTRIBUTION
HIGH LOW CASE
ROTOII ROTOII STRUCTUIIE
4119 - KINETIC ENERGY ~ 3% 71% 26%
STIIAIN ENERGY ~ 1% 66% 2a%
eEARING NO, 2 0% NO,1 00/0
IlEARING NO, 3 ~ 2% NO.4 3%
-----------
KINETIC ENERGY 5-/. la% 77%
6356
-
- STRAIN ENERGY ~ 1% 11"10 79%
IlEAIIING NO, 2 ~ 0% NO,1 0%
BEARING NO, 3 ., 6% NO,4 3%
7713
-/- KINETIC ENERGY , 1% 68% 24%- STRAIN ENERGY 4% 39% 30%
'----
IlEARING NO, 2 ~ 2% NO,1 0%
IlEARING NO, 3 0% NO,4 25%
-
7783 ~ KINETIC ENERGY = 72% 5% 22%-
'"
STRAIN ENERGY ~ 34% 40/. 40%
IlEAIIING NO, 2 •. 1!% NO,1 0%
BEARING NO, 3 0% NO,4 3%
Figure 4.1-2 Continued
4.1.1.2 High Rotor Excited Modes
In general, the high rotor excited modes shown in Figure 4.1-2 show more
coupling between the low rotor, high rotor, and cases than the low rotor
excited modes. Further, the distribution of strain energy and kinetic energy
for the tenth mode (7783 rpm) was of enough concern to warrant high load
damping at the Number 2 bearing.
There are several high rotor excited case modes which are of little concern.
Specifically, these are the first, third, fourth, and eighth modes at 1334,
2161, 2746 and 6356 rpm respectively. The first, third and eighth modes have
small amounts of low rotor participation, but the major strain energy is
distributed in the case, indicating that they are insensitive to high rotor
imbalance. The fourth mode is a case mode coupled with a rigid body high rotor
mode. This mode has a greater sensitivity to high rotor imbalance than the
other three, but the level of sensitivity is not great enough to require a
damping system.
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The second, seventh and ninth modes at 1963, 4889 and 7713 rpm respectively
show substantial strain and kinetic energy in the low rotor and are therefore
labeled high rotor excited low rotor modes. As with low rotor excited high
rotor modes, these modes are not easily excited from the high rotor through
the case to the low rotor.
The fifth and sixth modes at 3512 and 3755 rpm are high rotor excited modes,
coupled with both the low rotor and the cases, with slightly more strain and
kinetic energy in the cases. These modes would benefit from the material and
coulomb damping in the cases and tend to be insensitive to imbalance.
The tenth mode at 7783 rpm will be used in evaluating high load damping
requirements for a large transport engine. This mode is within the speed range
where an advanced engine would be expected to operate safely under high levels
of imbalance. The high level of strain energy in the rotor is difficult to
dissipate without an external damping mechanism. The high level of kinetic
energy indicates significant sensitivity to compressor imbalance. The large
amount of strain energy in the Number 2 bearing points to large displacements
at that location. An external damping mechanism can dissipate the energy which
would be generated under forced vibrations. A high load damper at the Number 2
bearing location will effectively control this mode under compressor blade
loss.
4.1.2 Small General Aviation Engine
Six critical speed vibration modes were identified for the small general
aviation engine. A turbine vibration mode at 9355 rpm was selected for further
analysis. This mode is characterized by high levels of strain and kinetic
energy in the rotors and significant sensitivity to turbine imbalance. A high
load damper at the Number 3 bearing should control engine vibration response
under imbalance conditions.
The representative small general aviation engine is a single rotor turbojet.
The rotor comprises the compressor and turbine. It is supported on three
bearings and has a rotor speed range of 9000 to 20,000 rpm. Results from the
critical speed analysis are summarized in Figure 4.1-3. Again, to simplify
interpretation, only the rotor mode shape is shown in the figure, but the
percent distribution of energy in both the rotor and case structure is listed.
Of the six modes in the speed range, four were considered to be of little
concern in this study. The second mode at 2236 rpm is a classic case mode with
over 95% of the total system strain and kinetic energy in the case structure.
The first, third, and sixth modes at 1406, 4176 and 16,261 rpm respectively
also have substantial activity in the case structure (over 75% of the total
strain energy), but these modes also have some degree of rotor participation
(indicated by the rotor kinetic energy levels of over 35%). However, these
modes tend to be insensitive to imbalance due to effective material and
coulomb damping in the case.
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CRITICAL SPEEDS
BELOW IDLE
SPEED MODE SHAPE ENERGY DISTRIBUTION
~- 'WTOPI CASESTPlUCTUPlE1406
KINETIC ENERGY ~ 35% i5°/.
STPIAIN ENEPIGY " 1% 91"10
BEARING NO.1" 0"10
SEARING NO.2 c 0°/.
BEARING NO.3 1%
2236
-
- KINETIC ENERGY". 4% 9i"lo
STRAIN ENERGY 1% 55"10
!IEARING NO.1 0%
- I!lEARING NO. 2 ~, 0"10
IEAPIING NO.3 0%
KINETIC ENERGY ~ 41% 52%4176 - - STPIAIN ENEPIGY 3"10 91%
-----
SEAPIING NO.1 2%
!IEAPIING NO.2 3%
SEARING NO.3 1%
ABOVE IDLE
9355 -
""'".".,,- ~ KINETIC ENEPIGY " il% 32%STPIAIN ENERGY ~ 27% 4%SEAPIING NO. 1 .~ 0"1.IEARING NO.2" 3%IEAPIING NO.3" ii"lo
14479 ~ KINETIC ENERGY:· 55·A> 45"1.
-/ STPIAIN ENEPIGY ." 33% 11%BEARING NO.1:· 11%
!IEARING NO. 2 ~ 43"1.
BEAPIING NO.3" 2%
16261 ~ KINETIC ENERGY .0 43% 57%
-/ STPIAIN ENERGY ~ 7% 7i%!IEARING NO.1: i.A>IEAPIING NO. 2 ~ 1%!IEAPIING NO. 3 ~ 3%
Fig ure 4. 1-3
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Critical Speed Mode Shapes and Energy Distribution; Small
General Aviation Engine
The fourth and fifth modes (9355 and 14,476 rpm) show high levels of strain
and kinetic energy in the rotors. These results point up a sensitivity to
imbalance which would require an external damping mechanism at the bearings.
For the fourth mode, most of the rotor motion is directed back toward the
turbine. This mode would therefore be most sensitive to turbine imbalance, but
it could be controlled by a damper at the Number 3 bearing. The fifth mode has
large rotor amplitudes in the compressor section and would therefore be
sensitive to compressor imbalance. A damper at the Number 2 bearing would
effectively control this mode. Study of either mode would provide insight into
the high load damping requirements for this engine. However, the turbine mode
was selected because experience has shown that turbine operating temperatures
and material limitations make it susceptible to blade loss. In addition, the
load on the Number 3 bearing for the turbine mode is higher than the load on
the Number 2 bearing for the compressor as shown by the amount of strain
energy in the Number 3 bearing.
4.1.3 Military Engine
Thirteen critical speed vibration modes were identified for the military
engine. A low turbine vibration mode at 7164 rpm was selected for further
analysis. This mode is characterized by a high level of strain energy in the
low rotor and a sensitivity to turbine imbalance which would be difficult to
control under high loads. Installing a damper at the Number 5 bearing appears
to be the most effective method of controlling this mode.
The representative military engine is a two rotor turbofan with an augmentor.
The low rotor, which includes the three stage fan and low pressure turbine, is
supported on three antifriction bearings and operates between 4700 rpm and
11,500 rpm. The high speed rotor, which includes the high pressure compressor
and high pressure turbine, is supported on two antifriction bearings and
operates between 8000 rpm and 14,700 rpm. As with the large transport engine,
separate critical speed analyses were conducted to obtain low and high rotor
excited critical speed modes. Similarily, gyroscopic effects were evaluated by
assuming a linear speed relationship between the rotors. The results of the
analyses are summarized in Figures 4.1-4 and 4.1-5. The summary shows the
critical speeds, synchronous rotor mode shapes and energy distribution among
all the major components. A more detailed discussion of the analyses follows.
4.1.3.1 Low Rotor Excited Modes
Five low rotor excited modes were identified for the military engine. Each of
the modes has a large amount of energy in the case structure, but the fifth
mode at 7164 rpm showed a siginificant degree of low rotor bending, indicating
that a high load damper is required at the Number 5 bearing.
The first three modes at 1360, 2131 and 3307 rpm respectively have an
appreciable amount of case participation with over 90% of the system strain
energy and over 55% of the system kinetic energy in the case and mount
structure. The second and third modes are case modes coupled with high and low
rotor modes respectively, but strain energy levels in the low rotor do not
indicate sensitivity to low rotor imbalance. Further, the high levels of
strain energy in the case structures indicate the presence of sufficient
material and coulomb damping to control the modes.
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Figure 4.1-4
LOW ROTOR CRITICAL SPEEDS
BELOW IDLE
SPEED MODE SHAPE ENERGY DISTRIBUTION
~- CASELOW II0TOR HIGH ROTOII STIIUCTUIIE1360
-.---- KINETIC ENERGY ~ 2% 1% 87%
STRAIN ENERGY ~ 00/. 00/. 88°/.
SEAIIING NO. 1 ~ 0°/. NO.3 0%
I!EAIIING NO. 2 ~ 0% NO.4 0%
.EARING NO. 5 ~ 1%
2131 KINETIC ENERGY ~ &% 370/. 57°/.
--- STRAIN ENEIIGY ~ 10/. 1% 85°/.
.EAIIING NO. 1 ~ 00/. NO.3 1%
I!EAIIING NO. 2 ~ 0% NO.4 1%
.EAIIING NO. 5 ~ 10/.
3307 KINETIC ENERGY ~ 21% 10/0 640/0
------.......-- --- STPlAIN ENEIIGY ~ 2% 1% 84%
I!EARING NO. 1 ~ 10/. NO.3 1%
I!EAIIING NO. 2 ~ 101. NO,4 0°/.
SEAIIING NO. 5 ~ 00/0
ABOVE IDLE
CASE
LOW IIOTOR HIGH IIOTOR STIIUCTUIIE
4716 - --------.---- KINETIC ENEIIGY ~ 410/0 20% 32%
STPlAIN ENEPlGY ~ 130/0 1% 75%
I!EAIIING NO. 1 ~ 1% NO.3 0%
I!EAIIING NO. 2 ~ 1°/. NO.4 20/.
-
I!EAIIING NO. 5 ~ 7%
7164 ~-~----- KINETIC ENEPlGY ~ 33% 1&% 57%STRAIN ENERGY ~ 210/. 40/0 57%
.EAIIING NO. 1 ~ 1% NO.3 6%
.EAI'lING NO.2 = 1·" NO.4 1%
.EAI'lING NO.5 = 8%
Low Rotor Critical Speed Mode Shapes and Energy Distribution;
Mil itary Eng i ne
The fourth and fifth modes at 4716 and 7164 rpm have more significant levels
of strain energy and kinetic energy in the low rotor and could be sensitive to·
imbalance. The fifth mode has greater strain energy in the low rotor,
indicating somewhat higher sensitivity to imbalance, while lower strain energy
in the cases indicates less material and coulomb damping than the fourth mode.
The fifth mode is therefore of greater interest in evaluating high load
damping requirements. In addition, experience has shown that this mode is
sensitive to low turbine blade loss imbalance and may be difficult to control
under high loads. The Number 5 bearing location has the highest low rotor
bearing load and would therefore be the appropriate location for a damper.
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HIGH ROTOR CRITICAL SPEEDS
BELOW IDLE
SPEED MODE SHAPE ENERGY DISTRIBUTION
HIGH "OTOR LOW ROTO" CASE
STRUCTURE
2253 - - KINETIC ENERGY" 3.% 12"10 50%
STRAIN ENERGY c 1% 1% 81%
- BEARIN'G NO.3 = 0°/. NO.1 2%
-
!!EARING NO.4 c 1% NO.2 0%
NO.5 14%
3221 KINETIC ENERGY !% NO.1 37% 54%~ - STRAIN ENERGY NO.2 7% 84%1%!!EA"ING NO.3 = 1% NO.5 4%BEARING NO.4 0% 20/01%
~ KINETIC ENERGY 20% NO.1 13% 67%5515 ~-- STRAIN ENERGY 4'1'0 NO.2 2% 84%!!EARING NO.3 = 1% NO.5 4%BEARiNG NO.4 = 2% 1%
2%
51123 - - KINETIC ENERGY c 15% NO.1 3.% 47%
STRAIN ENERGY 3% NO.2 21% 49%
!!EARING NO.3 4% NO.5 21%
!!EARING NO, 4 c 1% 1%
0%
~ KINETIC ENERGY = 41% 3% 56%ST"AIN ENE"GY = 15% 1% 59%7404
- - !!EA"ING NO.3 = 1.% NO.1 5%
- -~ !!EARING NO, 4 = 1% NO.2 1%
NO.5 0%
1455 /~ KINETIC ENERGY = 44% 3% 53%STRAIN ENERGY c 20% 2% 48%BEARING NO.3 c 2.% NO.1 0%BEARING NO." = 1% NO.2 1%NO.5 0%
Figure 4.1-5 High Rotor Critical Speed Mode Shapes and Energy Distribution;
Military Engine
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ABOVE IDLE
SPEED MODE SHAPE ENERGY DISTRIBUTION
/ HIGH "OTO" LOW"OTO" CASESTRUCTU"E100!1 KINETIC ENE"GY ~ 30/. .-/. IS"!.~ ~ -- ST..AIN ENE..GY ~ 2% 4% 11%eEARING NO. 3 ~ 10/0 NO.1 1%
eEARING NO. 4 ~ 1% NO.2 2%
NO.5 l-JQ
-, -~- KINETIC ENERGY ~ 2% 47% 51%13615 STRAIN ENE"GY ~ 30/0 43% 40%~ eEMllNG NO. 3 ~ 1% NO.1 1%
IEA..ING NO.4 =, 1% NO.2 10%
NO.5 1%
Figure 4.1-5 Continued
4.1.3.2 High Rotor Excited Modes
Eight high rotor excited modes were identified for the military engine. These
modes have various amounts of low rotor, high rotor, and case participation,
but none was considered significant enough to warrant further analysis.
The first, third and seventh modes at 2253, 5515 and 10,091 rpm respectively
are primarily case modes, with over 50% of the total kinetic energy and over
80% of the total strain energy in the case structure. The first and third
modes have some rigid body motion of the high rotor, but none of these modes
has sufficient rotor strain energy to be sensitive to high rotor imbalance.
The second, fourth and eighth modes at 3221, 5823 and 13,615 rpm respectively
are high rotor excited low rotor modes with 35% to 50% of the total kinetic
energy in the low rotor and 40% to 80% of the total strain energy in the
cases. These modes would be insensitive to high rotor imbalance due to
available damping in the case structure and the minimum participation of the
high rotor in the energy distribution.
The fifth and sixth modes at 7404 and 8455 rpm have significant high rotor
participation, with over 15% of the strain energy and over 4~~ of the kinetic
energy in the high rotor. These modes are similar to the high compressor
(tenth) mode which was selected for study in the large transport engine, and
they also tend to be sensitive to high compressor imbalance. Both modes can be
controlled by a damper at the Number 3 bearing because of the displacement and
load at this location. Either of these modes could have been selected for
analysis, but the results would be similar to the large turbofan study. An
evaluation of damping requirements for the low turbine vibration mode was
considered to be of greater value in this study.
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4.2 FORCED RESPONSE ANALYSIS
Even though the critical speeds of an engine indicate possible regions of
concern, they may not necessarily impede the safe operation of an engine.
Engine response which affects performance and safety is dependent on the type,
magnitude and location of applied forces, the availability of damping and
nonlinearity among the various structural elements. Only a complete forced
vibration analysis can provide a thorough understanding of the engine under
different external loads (inherent imbalance, blade loss, bowed rotor etc.)
Pratt &Whitney Aircraft has developed a sophisticated steady-state forced-
response analysis to predict engine response under various dynamic loads(Reference 6). It is based on the standard transfer matrix method but can
efficiently account for nonlinear springs, nonlinear viscous dampers, coulomb
dampers etc. This multi shaft analysis is a widely-used design tool at
different stages of engine development. For a given set of forces, this
analysis generates deflections, slopes, moments and shear forces at different
locations over the entire speed range. The relative motion between the rotor
and the case, dynamic loads through the support structures, and absolute
deflections of critical case structure locations are evaluated to assure
efficient and safe operation of the engine.
In this program, forced response analysis has been used to determine damper
requirements and to evaluate engine performance with the damper concepts which
were selected. The results of the efforts to determine damper requirements are
discussed below.
4.2. 1 large Transport Engine
As discussed in Section 4.1.1, the high compressor mode of 7783 rpm was
considered to be the most troublesome and has been selected for high load
damper evaluation. The non-dimensionalized mode shape is shown in Figure
4.2-1. Due to its location and weight, first stage blade loss can generate
large imbalance forces on the rotor and engine safety can be impaired. The
first stage is also susceptible to foreign object damage.
MAXIMUM GAl' PlEDUCTION LOCATION
IMIALANCE
LOCATION
NO.1 IEAPIING
• MAJOPl MASS LOCATIONS
LOW PlOTOPl CPlITICAL SI'EED 7713 PlI'M
Figure 4.2-1 Critical Mode Shape (Rotor Only); Imbalance Location and
Critical Deflection Location; Large Transport Engine
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Although engine response at many locations should be evaluated to ascertain
the safety margin, many times only one or two locations are studied for
preliminary design. The responses at those location(s) are considered to
represent the overall engine response under specific load conditions. It is
assumed that if these responses meet the design limits, then the total engine
also meets the design limits.
In the large transport engine, the high pressure compressor mode was judged to
be the mode of concern, since it can be excited by compressor blade loss. The
critical speed mode shape showed that deflection of the compressor and the
support load at the Number 2 bearing would be high enough to be critical for
safe operation of the engine. Therefore, engine response requirements were
defined in terms of high pressure compressor deflection and Number 2 bearing
support load. Details of these requirements are discussed in Section 5.1.1.
As a preliminary step toward selection of a proper damper (at the Number 2
bearing location), a parametric study on forced response analysis was
completed. The fifth stage compressor gap closure and Number 2 support load
sensitivities were obtained for various values of support stiffness and
support damping. Seventy-two gm-cm, one oz-in., imbalance was used at the
first-stage and the speed range of 6200 to 9200 rpm was searched for a peak
response. It is assumed here that the engine response is linear and that the
response for any imbalance is directly proportional to the response for 1
oz-in., 72 gm-cm. Stiffness up to 350 MN/m (2 x 106 lb/in) and damping up to
53000 N-S/m (300 lb sec/in) were considered. Any higher values pushed the peak
response speed outside the selected speed range. Although the response within
the operating range could be controlled by such a shift, applying such high
stiffness and damping was considered an unacceptable solution. Besides,
maintaining the peak response speed within the operating range guaranteed an
effective evaluation of the high load damper concepts. Hence, only those
values of stiffness and damping where the peak response speed was between 6200
rpm and 9200 rpm were considered.
The results are shown in Figures 4.2-2 and 4.2-3. Figure 4.2-2 illustrates the
maximum gap reduction at the compressor while the maximum support load is
shown in Figure 4.2-3. The corresponding support deflection which is necessary
for a damper design is shown in Figure 4.2-4.
The large transport engine showed a low sensitivity to imbalance. As expected,
higher damping and lower stiffness improved engine response. It was also
interesting to note that at low stiffness 18 MN/m (1 x 105 lb/in), an
increase in damping did not affect the responses.
By knowing the deflection and load requirements at high imbalance, the
response sensitivities (deflections/unit imbalance, load/unit imbalance) can
be determined. Assuming a linear engine response, the desired stiffness and
damping can be determined from these graphs. A concept can then be designed to .
generate this desired stiffness and damping at the excursions given by the
graph in Figure 4.2-4.
The damper requirements selected to meet the high load imbalance requirement
in a large transport engine are discussed in Section 5.2.1.
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4.2.2 Small General Aviation Engine
In the representative small general aviation engine, the turbine mode at 9355
rpm has been chosen for high load damper evaluation (Section 4.1.2). The
nondimensionalized mode shape is shown in Figure 4.2-5. It is sensitive to
turbine imbalance and first or second stage turbine blade loss can seriously
affect engine integrity. The gap closure at the second turbine stage and
support load at the Number 3 bearing were judged to represent the most severe
engine response under imbalance. Criteria to meet the safety margins were set
on those responses and are discussed in Section 5.1.2.
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Figure 4.2-5 Critical Mode Shape (Rotor Only); Imbalance Location and
Critical Deflection Location; Small General Aviation Engine
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A parametric study was completed to detennine response sensitivities by
varying support stiffness and support damping. The peak response speed was
maintained between 8000 rpm and 12,000 rpm. The peak responses for 72 gm-cm
(1 oz-in) of unbalance are shown in Figures 4.2-6 and 4.2-7. The corresponding
support motion is presented in Figure 4.2-8. Although the increase in damping
improved the gap closure sensitivity, no significant reduction was achieved
above 17500 N-S/m (100 lb sec/in.) As expected, the gap closure increased as
support stiffness was increased. But the support loads at a stiffness lower
than 26 MN/m (1.5 x 105 lb/in) showed an unexpected trend when damping was
changed from 17500 to 26300 N-S/m (100 to 150 lb sec/in.) This could be due to
the nonlinear dependence of the support load on support stiffness and damping.
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From Figures 4.2-6 and 4.2-7 and desired sensitivities, a suitable combination
of support stiffness and damping can be selected to assure safe operation of
the engine under turbine blade loss. A damper concept applicable to this
engine can then be designed to provide that combination of stiffness and
damping at the amplitudes shown in Figure 4.2-8.
The selected combination of damper parameters to meet the requirements in a
small general aviation engine is discussed in Section 5.2.2.
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Support Deflection Response Sensitivities; Small General
Aviation Engine
Figure 4.2-9
4.2.3 Military Engine
The representative military engine has a low turbine mode which is sensitive
to imbalance within the operating range. The nondimensionalized mode shape is
shown in Figure 4.2-9. Blade loss at the first or second stage turbine
generates high imbalance forces which can result in high rotor deflections and
large support loads. The gap reduction at the first turbine stage and the load
on the Number 5 bearing support were considered to be representative of the
overall response of the engine under turbine imbalance. The safety limits
which were defined in terms of these responses are presented in Section 5.1.3.
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Critical Mode Shape (Rotor Only); Imbalance Location and
Critical Deflection Location; Military Engine
A parametric study was conducted to obtain the sensitivity of turbine gap
reduction and support due to second stage imbalance. The stiffness and damping
coefficients at the Number 5 bearing location were varied and the speed range
from 5500 to 8500 rpm was searched for peak responses. The results are shown
in Figures 4.2-10 and 4.2-11. The corresponding rotor deflection at the
support is shown in Figure 4.2-12. The gap closure and support load were
sensitive to support stiffness but were relatively insensitive to support
damping. At low support stiffness, higher damping actually increased the gap
closure indicating the existence of optimum damping. Unlike the other two
engines, this engine showed local reduction in responses as the stiffness
228 Mn/m (13 x 106 lb/in) was increased. This can be related to the shift in
modes, participation of other modes and damper excursion which is nonlinear
with stiffness and damping.
Overall, the support deflection decreased as the stiffness increased (Figure
4.2-12). This trend, which was not observed in the other two engines, is again
due to the shift in modes and participation of other modes in the total
response.
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Number 5 Bearing Support Load Sensitivity; Military Engine
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From Figures 4.2-10 and 4.2-11, damper parameters can be selected to limit the
turbine gap closure and support load. Then, a concept can be designed to
obtain the selected parameters at damper amplitudes, as given in Figure
4.2-12. Details of damper parameters selected for the military engine are
discussed in Section 5.2.3.
4.3 DAMPER ANALYSIS
Four high load damper concepts, multi-ring, cartridge, curved beam, and
viscous/friction, were evaluated under high and low imbalance loads. For
analytical purposes, the dampers were considered to be a combination of a
spring and a viscous damper. The spring coefficient (K) is defined as the
radial force per unit displacement, while the viscous damping coefficient (B)
is defined as the tangential force per unit velocity of the shaft center
(Reference 7). In a linear damper, these coefficients are constant: however,
in a nonlinear damper they are functions of displacement. The forced response
analysis used to evaluate damper performance can handle both linear and
nonlinear (squeeze film) dampers. For squeeze film dampers, an iteration
technique is used to obtain solution convergence.
Radial and tangential forces in the four concepts were determined, and
corresponding stiffness (K) and damping (B) coefficients were defined. These
coefficients were used to evaluate damper performance under imbalance loads.
All of the damper concepts except the curved beam damper are modifications of
or variations on the conventional squeeze film damper. This type of damper is
widely used and its performance and stiffness and damping characteristics are
well understood. Since the analytical formulation of a squeeze film damper is
common to three of the concepts studied, it is discussed in detail below.
The squeeze film damper generates damping and stiffness forces by shearing and
squeezing the oil film. These forces can be determined by integrating the
pressure solution of the Reynolds equation (Reference 8) which defines the
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relationship between the oil velocities and the pressure distribution within
the oil film. The form of the Reynolds equation and the corresponding solution
depends on the type of damper, (i.e., long bearing approximation with
negligible axial flow, short bearing approximation with negligible
circumferential flow, or finite length approximation, which accounts for both
axial and circumferential flows), and the magnitude of the oil supply pressure
(References 9 and 10).
In this study, both the long and short bearing approximations were considered
with either zero or very high supply pressure. The zero supply pressure
results in a half-cavitated oil film, 'Tr film, and the high supply pressure
assumes a supply pressure sufficient to suppress cavitation, 2'Trfilm. The
resulting expressions for stiffness and damping, assuming circular centered
whirl, are given in Table 4.3-1.
T~ble 4.3-1
Stiffness and Damping Expressions
for Short Bearing and Long Bearing Approximations
Type of Short Bea ri ng Long Bearing
Film K B K B
'Trfilm RL 3pw 2E RL 3P 1T R3LrW 2H R
3LP 121T
C3 - 2 -;cr (1_E2) 3/2 (2H2)(l_e2) C3 (2+i)(l.fZ)112(1_€2) C
2'Trfilm 0 RL 3p 'Tr 0 R3L 24'Tr
er- (1-E2) 3/2 c~ (2+€2) (l ,.€2) 1/2
4.3. 1 Multi-Ring Damper
The basic shortcoming of the conventional squeeze film damper is that it
provides insufficient clearance for rotor motion under high imbalance loads.
The rotor support then becomes too stiff to allow efficient dissipation of
energy. The multi-ring damper provides a method of circumventing this
shortcoming. It is reported that the multi-ring damper has been used in
turbochargers for diesel engines dating back at least to the 1930's.
Figure 4.3-1 shows the geometric arrangement of a two-film damper. Although
there is no limit on the number of films, the two film damper is chosen here
for analytical simplicity. Results which were obtained can be extended to any·
multi-ring damper.
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HOUSING
Figure 4. 3- 1 Geometric Arrangement of a Two-Film Damper
As the shaft whirls, the' oil is sheared and squeezed, and hydrodynamic forces
are generated in both films. These forces are dependent on shaft motion, ring
motion, shaft position and ring position. If the shaft center moves byej
and the ring center moves by eR, then shaft eccentricity with respect to the
ring = €i = ej - €R and eZ = €R = ring eccentricity.
In general €i and eZ are not in phase (collinear). The phase angles a and
fidepend on the relative motion between the shaft and the ring. The
hydrodynamic forces in the inner film can be represented by FRl and FTl2
whil~ the hydrodynamic forces in the outer film can be represented by FRz
and FTZ. Due to the inertia of the ring, the total force in the inner film
is not equal to the total force on the outer film. For all practical purposes
though, the inertial force can be neglected and the forces can be equated.
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Eliminating the complex derivation, it can be shown that if the films are
identical, and the shaft motion is synchronous and circular, then the ring is
in phase with the shaft, i.e.:
a= f3 = 0, el = e2, FRl = FR2 and FTl = FT2
Then, ej = el + e2 = Total shaft eccentricity with respect to
the housing
Now, for the inner film
Stiffness = Kl = FR1/el
and Damping = Bl = FTl/elw
Similarly for the outer film
Stiffness = K2 = FR2/e2
and Damping = B2 = FT2/e2 w
Hence, the equivalent stiffness and damping of the two film dampers are:
Keqt F:;) = F:~ = K~ (= K~)= St iffness2of one film
Beq = FTl (= FT2 \ =~ f= ~)= Damping of one film
ej ej ) 2 \ 2 2
Extending this approach to other multi-ring dampers, it can be shown that:
Stiffness of one film
Keq = ---------
n
Damping of one filmB =
eq --------n
where n = Number of films.
Since the radial and tangential forces in a squeeze film damper are inversely
proportional to the third power of the clearance, the stiffness and damping in
a multi-film damper is n2 times greater than the stiffness and damping of a
single film damper of the same total clearance at the same eccentricity.
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The advantage of a multi-ring damper lies in the fact that it provides
sufficient stiffness and damping at high excursions. Small clearance can
provide sufficient stiffness and damping, but the total excursion is limited
by the small clearance. A large clearance damper can allow higher excursions,
but the large clearance reduces stiffness and damping. Hence, the multi-ring
damper is a compromise concept which provides high stiffness and damping at
high excursions. Figure 4.3-2 illustrates the differences between 1) a small
clearance, .13 mm (5 mils), single film damper; 2) a large clearance, .25 mm
(10 mils), single film damper; and 3) two film, .13 mm (5 mils) each, multi-
ring damper. It is assumed that the orbit is circular centered and that the
two films are identical. The analysis is based on ~ film, long bearing
approximation. As shown, the multi-ring damper provides four times higher
stiffness and damping than a large clearance single film. The low clearance
single film can also provide high stiffness and damping but only up to .13 mm
(5 mils) of excursion. Note the rapid change in the stiffness and damping of
the small clearance single film damper. This phenomena can cause the rotor to
become unstable.
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4.3.2 Cartridge Damper
This damper is similar in operation to the conventional squeeze film damper.
However, it provides greater flexibility in selecting stiffness and damping
for high and low load situations. It is a tightly sealed damper which allows
use of a fluid other than bearing lubrication oil. In addition, the fluid can
be sealed under pressure to alter damper performance. Stiffness and damping of
the cartridge damper can be calculated by solving the Reynolds equation. The
analytical formulation presented previously (Table 4.3-1) is also valid for
the cartridge damper.
Figure 4.3-3 shows the difference between the conventional squeeze film damper
and the cartridge damper. The stiffness and damping in a cartridge damper are
higher due to the higher viscosity of the fluid. The ~ film, long bearing
approximation for a circular centered orbit is assumed for analysis of the two
non pressurized dampers. The pressurized damper is pressurized to suppress
cavitation up to an eccentricity of 0.4. The pressurized cartridge damper
shows reduced stiffness and increased damping. With proper selection of fluid
pressure, this damper can be designed to provide required stiffness and
damping over the entire operating range.
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Figure 4.3-3 Comparison of Stiffness and Damping Coefficients; Cartridge
Damper and Conventional Squeeze Film Damper
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4.3.3 Curved Beam Damper
The serious drawback of any squeeze film damper is its nonlinear behavior at
high eccentricities. This reduces its effectiveness as a vibration isolator at
high amplitudes and loads. Although the multi-ring damper and cartridge damper
are innovative designs.aimed at alleviating this problem, they do not
eliminate it completely. In addition to high rotor response and high support
loads, nonlinearity can also cause instability in the system (Reference 11).
The curved beam damper which is patented by the Government Products Division
of Pratt &Whitney Aircraft (Reference 12) reduces this nonlinearity
significantly. It is possible to design the damper to be linear over its
entire operating range of deflection and speed. With this concept (Figure
4.3-4) the curved beam(s) separate the inner housing from the outer housing. A
recessed portion in the outer face of each spring forms a chamber of damper
fluid. The radial restraint is derived from the stiffness of the beams while
viscous damping is obtained from the pressure drop through the inlet/outlet
ports (Reference 13).
INLET ~Oln
4 IEAM SEGMENTS
(N =0 oil
SEGMENT LENGTH. 21
.MOIAl DEFLECTION
OIL FilM
IEAM "ADIUS film
ONE _EAM SEGMENT
INLETIOUTlET flDln
r'I--rt---:/-....., END SEAL
IEAM
AXIAL C~OSS SECTION
Figure 4.3-4 Curved Beam Damper
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Analysis for Radial Stiffness (K)
The radial stiffness calculation is a two step process. In the first step, the
force deflection characteristics of the beam are determined. In the second
step, the total radial force acting on the shaft is calculated by taking into
account the angular position of each beam with respect to the center of the
shaft.
Force deflection characteristics are based on small deflection theory, which
is linear over the deflection range. Beam geometry (length, curvature,
thickness and width), end conditions (guided, fixed etc.) and material
properties (Young's modulus) determine the force deflection characteristics
while the number of beams determines the total effective stiffness in the
system.
Assuming that the beams are segmented, (and thereby behave like a pin-pin
beam) the force deflection characteristics can be given as:
Et 3LiFORCE oc -- x deflection
Rm3
or Stiffness is proportional to Et 3L
Rm3
If the number of segmented beams is N (Figure 4.3-4), then the effective total
stiffness (K) = A Et 3 • Where Al' the constant of proportionality, dependsl:---J
Rm
on the number of beams (N).
Analysis for Viscous Damping Coefficient (B)
In this concept, fluid is pumped through the supply and exhaust ports when
shaft motion is transmitted to the curved beam. The total hydrodynamic
pressure in the film is generated by two mechanisms; shearing the fluid within
the clearance and pumping the fluid through the ports. The pressure generated
by shearing the fluid can be modeled by the Reynolds equation and it is
nonlinear. The pressure from pumping the fluid through the ports can be made
proportional to the velocity of the fluid and it is linear. However, the
nonlinear effect is minimized by using a relatively large clearance. Since the
overall trend is to pump fluid back into the supply line, the outlet ports are
kept small in order to maintain a uniform pressure distribution over the
curved beam. The only purpose for the outlet port is to insure initial
filling of the fluid cavity. Similarly, the supply pressure should be greater.
than the pressure drop in the port, otherwise the cavity will not be refilled
and the starvation will occur.
The following steps are used to calculate the damping coefficient of the
curved beam damper:
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o Knowing the velocity, eccentricity, clearance and port properties,
pressure profile over the curved beam is calculated (both squeezing and
pumping).
o The forces acting on the beam are determined by integrating the profile
over the area.
o All the beam forces which are tangential to the shaft center are
vectorially added.
a The damping coefficient, i.e., tangential force per unit velocity, is
calculated.
In the current study, nonlinearity is minimized by using a relatively large
clearance damper and maintaining supply pressure above the port pressure drop,
thereby avoiding starvation. In such instances, it can be shown that
Tangential Force « Port Flow Coefficient x Shaft Center Velocity x Beam Area.
If the port flow coefficient is constant over the operating range, then the
tangential force is linearly proportional to the velocity and a constant
coefficient of damping is obtained.
4.3.4 Viscous/Friction Damper
As described in Section 3.2.4, this is a dual damper. The small clearance
viscous damper is effective at low levels of imbalance while the friction
damper is effective at high loads. The additional energy dissipation due to
friction and the tuned flexibility provided by the parallel support reduce
rotor response.
The viscous/friction damper is designed around a predetermined threshold load
level beyond which the friction force would be overcome and the friction
damper activated. At very high loads the parallel support spring provides
stiffness and coulomb damping becomes the predominant damping mechanism. For
this study, it is assumed that at high load the viscous damper almost bottoms
out and the operating eccentricity ratio is 0.9. This allows use of the
viscous damper at high imbalance loads and recognizes the fact that
theoretically the damper forces at an eccentricity ratio of 1.0 are infinite.
The friction damper is a constant force damper. The force which opposes the
whirl motion is proportional to the normal clamping force on the plates
(FN)' If the number of plates is m and the coefficient of friction is M ,
then the frictional force is:
For a circular centered orbit, this force is tangential to the orbit. Thus the
equivalent damping coefficient can be defined as:
c =f where e = orbit radiusW = speed in rad/sec
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As e, shaft orbit radius, increases, the coefficient decreases, resulting in a
nonlinear damper. The stiffness of the friction damper is derived from the
flexible support shown in Figure 3.2-4.
Under high load, the squeeze film and friction dampers are acting in series
and the overall equivalent stiffness and damping is a function of the
stiffness and damping of the individual components. Assuming that the inertia
of the squeeze film and friction damper hardware is negligible, the equivalent
stiffness and damping coefficient can be given as:
B =equivalent
and
K equivalent =
where: Kf = Friction plate parallel support stiffness
Ks = Viscous damper stiffnessSf = Friction damping
Bs = Viscous damping
At very high loads, the squeeze film damper is assumed to operate at an
eccentricity ratio of 0.9, a ratio at which Ks and Bs are very high, i.e.,
Ks » Kf and Bs » Sf. Then:
Kequivalent ~ Kf
Bequivalent ~ Sf
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SECTION 5.0
RESULTS AND DISCUSSION OF RESULTS
Individual engine imbalance levels (low and high), corresponding absolute
responses, and damper requirements were established for each engine. In
addition, damper concepts were assessed and the most promising concepts
evaluated under low and high imbalance loads. Results were compared with
conventional squeeze film damper performance to assess the advantages of the
high load damper concepts.
In general, a damper is designed for a particular application and condition.
Hence, one damper cannot meet all of the dynamic requirements of an engine. In
this study, damper requirements are established for specific engines and the
most promising concept is used to meet these specific requirements. Basically,
the following procedure was used to assess the applicability of a particular
high load damper for a specific engine and evaluate its performance.
o Engine imbalance loads were defined.
o Engine response limits were defined.
o Damper requirements were determined.
o Damper concepts were evaluated and the most promising concept was selected
o The concept which was selected was evaluated for the defined imbalance
loads and compared with conventional squeeze film dampers.
Results of this selection and evaluation are discussed below.
5. 1 DAMPER OPERATING REQUIREMENTS
Damper requirements vary broadly depending on the class of the engine being
considered. The three engine classes selected for the study, military, small
general aviation and commecial, span a broad range of overall size, speed and
thrust rating. As a result these engines have different levels of imbalance as
well as different senstivities to imbalance and tolerance to resulting
vibration. In addition each of the engine classes has different operating
requirements which result in differing guidelines for satisfactory operation
under vibratory conditions.
Each engine class has its own range of imbalances. Normal imbalance levels are
low and depend on the tolerance stack up, trim balance capability and normal
wear during operation. These imbalances are distributed over the entire
engine. Experience with engine tests, flight data and various manufacturing
and assembly procedures can determine the magnitude and location of
distributed inherent imbalances in an engine. For analytical purposes, a
single imbalance can be used and the corresponding engine response can be
assumed to represent the response due to distributed imbalance.
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High imbalance is accidental and most commonly caused by blade loss due to
foreign object damage, severe operating conditions or premature fatigue
failure. Experience with engine maintenance and flight data is used to
determine the possibility of these accidental occurences. The effect of the
high imbalance on the engine vibration depends on the size and location of the
blade lost. For both the normal and high imbalance conditions the engine
response limits are defined in terms of support loads and relative rotor to
case deflections also known as gap reductions.
The requirements for safe operation and expected performance under high
imbalance conditions differ for the three classes of engines. In commercial
engines the emphasis is placed on maintaining component efficiency and
minimizing the amount of hardware damage and repair costs later. The military
engines must maintain thrust and performance for safe mission completion under
extreme operating conditions. In general all three engines must maintain some
required level of performance allowing safe operation of the aircraft to a
selected destination. For this study the engine requirements are defined in
terms of engine response under different imbalance. For example, the large
transport engine can meet efficiency and repair requirements if compressor gap
reductions and rubs are maintained below a certain level. This general
approach to the specification of engine vibration limits is used for all three
engines. Naturally, the requirements can be defined in terms of other
parameters, such as stresses, slope, case deflections etc., but the procedure
involved in selecting and assessing a damper would be similar to the procedure
which is discussed here.
The high imbalance conditions considered in this study are limited to a
turbine or compressor blade loss amounting to less than 3600 gm-cm(50
oz. in.). Current engines can be expected to operate safely under such
conditions. Higher imbalances, e.g. fan blade loss, may occur and must be
accounted for but engine operation for prolonged periods is not expected. Such
extreme imbalance conditions are not considered here.
5. 1. 1 Large Transport Engine
The representative large transport engine has a high pressure compressor mode
within the operating range. As described in Section 4.2-1, an imbalance at a
compressor stage near the maximum amplitude location is more severe than an
imbalance at any other location. It is assumed that 144 gm-cm or 2 oz-in of
imbalance at the compressor simulates the normal imbalance in this engine. The
engine response limit required to maintain efficiency or avoid rub is defined
in terms of compressor deflection. A maximum gap reduction of .08 mm (3 mils)
due to inherent imbalance is acceptable. Note that the normal clearance in
large engines is .25 to .38 mm (10 to 15 mils), but factors such as thermal
growth, maneuver deflection etc., reduce the operating clearance.
Experience has shown that single blade loss in a compressor is a common
occurrence. Multi-blade loss and other types of imbalances related to foreign
object damage have occurred, but these are unusual situations. Therefore,
single blade loss imbalance of 3200 gm-cm (44 oz-in) is considered the high
imbalance limit. Compressor deflection and damper support load limits are
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established to define safety requirements. If the compressor deflection is
less than 1.8 mm (70 mils) and the support load is less than 66700 N (15,000
pounds), structural integrity can be maintained and the engine can be shut
down safely. The deflection limit is based on normal operating clearance and
thickness of the abradable seal strip, while the load limit is based on
stresses at critical locations.
In summary, the damper for the large transport engine should:
0 limit compressor gap reduction to .08 mm (3 mils) at 144 gm-cm (2 oz-in)
of imbalance
0 limit compressor gap reduction to 1.8 mm (70 mils) at 3200 gm-cm (44
oz-in) of imbalance, and
o limit the support load to 66700 N (15,000 lb) at 3200 gm-cm (44 oz-in) of
imbalance.
From Figures 4.2-2 and 4.2-3 it can be seen that various combinations of
stiffness and damping can meet these limits. Since this approach is based on
linear extrapolation, some margin for nonlinearity is required. A stiffness of
88 Mn/n (500,000 lb/in) and damping of 53000 N-S/m(300 lp sec/in) can satisfy
the limits with enough margin for any nonlinearity at high loads. For those
damper parameters, the compressor deflection is .84 mm (33 mils) and the
support load is 52800N (11900 lb) under high load balance. Both are within
prescri bed 1imi ts. .
Figure 4.2-4 shows that the damper deflection for the selected stiffness and
damping parameters is .56 mm or 22 mils under high load imbalance. In summary,
the damper concept must provide stiffness of 88 MN/m (500,000 lb/in) and
damping of 53000 N-S/m (300 lb sec/in) at an excursion of.56 mm (22 mils) in
order to satisfy the high load limits. In addition, this damper must also meet
low imbalance limits. .
5.1.2 Small General Aviation Engine
The inherent imbalance in this engine can be simulated by a single imbalance
load of 72 gm-cm (1 oz-in) at the turbine stage. For this inherent imbalance,
the engine response limit is defined as .13 mm (5 mils) of gap reduction at
the turbine stage, which guarantees smooth and efficient operation under
normal imbalance. High load imbalance is a single blade loss at the turbine.
Experience has shown that single blade loss at the turbine can occur. The
establishment of a turbine mode within the operating range amplifies engine
response to turbine blade loss many times. Safe shutdown limits are defined
below.
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The maximum allowable gap reduction should be less than 1.27 mm (50 mils).
This includes normal operating clearance and the thickness of the rub strip.
The turbine is prevented from contacting the case structure, which would
result in catastrophic fai·lure. The support load is also limited to 66700N
(15,000 lbs) in order to assure structural integrity and avoid further damage.
Hence, the damper concept for the small general aviation engine should meet
the following criteria.
o limit turbine deflection to .13 mm (5 mils) at 72 gm-cm (1 oz-in) of
imbalance
o Limit turbine deflection to 1.27 mm (50 mils) under blade loss imbalance of
720 gm-cm (10 oz-in), and
o limit the support load to 66700 N (15,000 lbs) under blade loss imbalance
of 720 gm-cm (10 oz-in).
From Figures 4.2-6 and 4.2-7 it can be seen that a stiffness of 35 MN/m
(200,000 lb/in) and damping of 26000 N-S/m (150 lb sec/in) can meet these
limits. Using these stiffness and damping values under blade loss conditions,
the turbine deflection and support load will be 1.02 mm (40 mils) and 22700 N
(5100 lbs) respectively. These deflections are within the set limits. A damper
excursion of .53 mm (21 mils) is required to dissipate enough energy to
maintain deflection and load within limits. Linear extrapolation also ensures
safe operation at low levels of imbalance (deflection = .10 mm (4 mils)).
Although there is sufficient margin in the support load, the deflection margin
may be inadequate if the damper is highly nonlinear.
5.1.3 Military Engine
The military engine has a different design approach to safety requirements
than the commercial engine. Still, it is assumed that these requirements can
be defined in terms of deflections and loads at critical locations. As
described previously, the military engine has a low pressure turbine mode
within the operating range. Inherent imbalance and corresponding engine
response can be simulated by a single imbalance in the turbine. Similarly, a
high imbalance is represented by a single blade loss at the turbine. If
turbine deflection and support loads are maintained within design limits, it
is predicted that engine will meet its safety and performance criteria.
Detailed requirements are as follows:
o At low imbalance (144 gm-cm (2 oz-in) at the turbine), the deflection
should be 0.13 mm (5 mils)
o At high imbalance, (single blade loss, or 3600 gm-cm (50 oz-in), the
deflection should be equal to or less than 1.18 mm (70 mils) and load
should be equal to or less than 44500 N (10,000 lbs).
The deflection limit at high load prevents turbine failure and assures a safe
level of thrust, while the support load limit guarantees structural integrity.
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Figures 4.2-10 and 4.2-11 show that a stiffness of 18 MN/m (100,000 lb/in) and
damping of 35000 N-S/m (200 lb sec/in) can just meet the deflection limits and
that any change in those parameters may result in undesirable failures. The
load limit is easil~ satisfied; therefore the damper concept has to provide 18
MN/m (10~,000 lb/in) stiffness and 35000 NS/m (200 lb sec/in) damping at high
imbalance loads. The damper should also allow for 0.57 mm (22.5 mils) of
excursion (Figure 4.2-12) for efficient dissipation of vibrational energy.
This concept should also limit low imbalance deflection to assure efficient
engine operation.
Table 5.1-1 summarizes the low and high load limits, damper requirements and
expected engine response at low and high loads for the three engines.
Table 5.1-1
High and Low Load Damping Limits, Damper Requirements,
and Expected Engine Response at High and Low Loads
Parar.1eter
low Ir.1balance go Cr.1 (oz-in)
large Transport Engine
High Pressure COr.1pressor
144 (2)
Sr.lall General
Aviation Engine
Turbi fie
72 (1)
Mil itary Engine
low Pressure Turbine
144 (2)
low Response r.1r.1 (r.1ils)
High Ir.1bilince gr.1 Cr.1 (oz-in)
High Response limit r.1r.1 (r.1ils)
Maxir.1ur.1 Support load lir.1it
N (lbs)
Requi red Sti ffness
MN/r.1 (lb /i n)
Requi red Dar.lpi ng
NS/m (lb sec/in)
Requi red Dar.1per Excurs i on
r.lr.1 (mil s)
HPC Gap Reducti on
0.08 (3)
High Pressure COr.1pressor
3200 (44)
HPC Gap Reduction
18 (70)
Number 2 Support
67,000 (15,000)
88 (500,000)
53,500 (300)
0.56 (22)
Turbine Gip Reduction lPT Gip Reduction
0.13 (5) 0.13 (5)
Turbi lie lO~1 Pressure Turbi ne
720 (l 0) 3600 (50)
Turbine Gap Reduction lPT Gap Reduction
1.3 (50) 1.8 (70)
Nur.lber 3 Support Nur.lber 5 Support
67,000 (15,000) 45,000 (10,000)
35 (200,000) 18 (100,000)
26,300 (150) 35,000 (200)
0.53 (21) 0.57 (22.5)
5.2 SELECTED DAMPER CONCEPTS
Damping requirements for the representative engines can be met by designing
damper systems which limit engine response under high and low imbalance loads.
Multi-ring, cartridge, curved beam and viscous/friction dampers were assessed,.
Detailed designs were developed to meet damping requirements for each engine.
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The cartridge damper is a tightly sealed squeeze film damper in which a fluid
other than engine lubrication oil is used. The fluid can be prepressurized to
suppress cavitation. It was felt that consideration of this damper as a
separate concept would not add to the technical content of the program. A
cartridge damper is basically a conventional damper and conventional dampers
are already well understood for engineering purposes. In addition, the need
for an external heat dissipation mechanism and the difficulty in designing
perfectly sealed hardware make this concept an unacceptable solution.
Therefore the cartridge damper concept was eliminated from further
consideration.
The remaining damper concepts were individually analyzed for application to
the representative engines. An iterative design procedure was followed until
an acceptable geometry for the concept was developed. This geometry provided
the required high load damping and stiffness for the specific engine
application while meeting physical constraints, such as bearing size and flow
path dimensions. In some cases, more than one physical configuration was found
to be satisfactory, while in others no satisfactory configuration was
developed. The final configurations described in Table 5.2-1 and discussed in
Sections 5.2.1, 5.2.2 and 5.2.3 were selectd based on keeping dimensions
within reasonable limits for the particular applications and providing
greatest linearity over the required displacement range. The configurations
which were selected were not necessarily optimized in every detail.
The criteria for selection of the final concept for each engine considers
practicality of design, linearity and size. The concepts and their
acceptability are discussed in the following sections.
5.2.1 Large Transport Engine
Multi-Ring Damper -- Different configurations were considered, including two
film and three film dampers with axially sealed and open cavities. The final
configuration was a single film with a parallel spring support. This limiting
case of the multi-ring damper resulted because the large diameter required for
this application allows the single film to provide sufficient damping even at
the large clearance required for displacement under high load conditions. Any
attempt to go to multiple oil films resulted in an increase of the damping and
stiffness beyond the required levels. Physical geometry and assumed operating
conditions for this damper are given in Table 5.2-1. At high load, the
operating eccentricity ratio was assumed to be approximately 0.75. For
compatibility, the radius and length were kept the same as the bearing
dimensions. Preliminary calculations showed that this configuration can meet
engine response limitations at low and high imbalance loads.
Curved Beam Damper -- Theoretically, the curved beam damper can be designed
for any application; the limiting parameters are required beam size and port
flow coefficients. The independent stiffness and damping characteristics of
the curved beam damper eliminate the common difficulty encountered in
designing a squeeze film damper. A four beam damper was developed for this
engine. Details of the geometry and operating conditions needed to generate
required stiffness and damping are given in Table 5.2-1.
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Table 5.2-1
Damper Geometry and Operating Conditions
Oimper COOC!!pts
l'1Ult i -Ri ng
Nur.lber of Fi lr.TS
Ridiil Cl!!irioce mr.1 (mils)
Miximum Ecc!!ntricity Ritio
Civitition
lype of Film
Piri11el Support MN/m (lb/in)
Ridius Cf,\ (i n)
Length cm (i n)
Vi scosity of Oil cp (Reyn)
K it Hi gh LOid MN/r,l (1 b/i n)
e it High LOid NS/m (1b sec/in)
K it Low lOid MN/m (1 b/i n I
B it low lOid NS/r.T (lb sec/in)
Curved 8eim
Number of leims
Thickness of eeim cm (in)
Oil Civity Thickness mm (mils)
Supply Pressure N/m2 (PSI)
Port Pressure Drop N/r.12 (PSI)
Fi lr.1 Pressure tl/r.1 2 (PSI)
Port-Flow Coefficient
Mixir.1ur.J Bendi ng Stress N/r.12 (PSI)
Ridius cm (in)
length Cm (i n)
K it High LOid ind
K it Low LOid MN/m (lb/in)
B it High LOid ind
e it Low LOid MN/r.1 (1 b/i n)
Viscous/Friction
kidius cm (in)
Length cm (in)
Vi scous Dir.1per Ridiil Cleirince
mr.l/ (m il s )
Type of Civity
Civi tition
Viscosity of Oil cp (Reyns)
No rr,l i1 LOid N (lb)
Number of P1ites
Coefficient of Friction
Piri11e1 Support MN/m (lb/in)
K it Hi gh lOid MN/r.J (1 b/i n)
e it High lOid NS/m (lb sec/in)
K it Low LOid MN/m (lb/in)
e it Low lOid NS/m (1 b sec/i n)
Lirge
Trinsport Engine
One
0.75 (29)
0.75
Pi Film
Axii11y Sei1ed
44 (2. 5 x 105 )
16.5 {6. 5;
5.1 (2.0)
6.9 (1 x 10-6 )
86 (4.91 x 105)
74,400 (425)
47 (2.68 x 105)
74,400 (425)
4
4.0 (1.59)
1.02 (40l
1.1 x 106 (ISS)
1.2 x 106 (DO)
1.6 x 105 (23)
0.56
2.0 x 108 (28,200)
16.5 (6.5)
5.1 (2.0)
e8 (5 x 105)
52,500 (300)
16.5 (6.5)
5.1 (2.0)
0.13 (5)
Axiil1y Open
Pi Fi lr.!
6.9 (l x 10-6 )
8540 (3800)
7
0.15
88 (5 x 105)
85 (4.83 x 105)
51,000 (289)
22 (1.25 x 105)
122,000 (695)
Sr.li 11 Generi 1
Aviiti on Engi ne
lhree
0.28 (II)
0.67
Pi Filr.1
Ax ii11y Sei1ed
26 (1.5 x 105)
7.6 (3 j
2.5 (1)
6.9 (1 x 10-6 )
44 (2.2 x 105)
24,000 (135)
30 (1.7 x 105)
24,000 (13S)
4
0.79S
0.64 {25l
1.6 x 106 (232)
1.7 x 106 (247)
3. S x lOS (50:
0.26
2.4 x 108 (35,400)
10.2 (4)
3.8 (1.5)
3S (2 x IDS)
26,300 (lS0)
7.6 (3)
2.5 (1)
0.13 (5)
Axiilly Open
Pi Fi 1r.1
6.9 (1 x 10-6 )
6680 (2970)
7
O.lS
3S (2 x 105)
32 (1.8 x 105)
21,000 (119)
20 (l. 13 x 105)
15,000 (86)
Mil i tHy Engi ne
None
4
0.430
0.64 (2Sl
2.0 x 106 (2eS)
2.1 x 106 (300)
1.7xl0S (2S)
O.le
2.S x 108 (36,600)
7.6 (3)
S.l (2)
Ie (1 x lOS)
3S,OOO (200)
7.6 (3)
S.l (2)
0.13 (S)
Axiilly Open
Pi Fi lr.1
6.9 (1 x 10 -6 j
7150 (3180)
7
O.lS
18 (1 x 105)
17 (9.8 x 104 )
34,200 (1 9S:
19 (1. 1 x 105 I
26,300 (1S0)
The large clearance oil cavity mlnlmlzes nonlinear effects from squeezing and
shearing. The high supply pressure eliminates oil starvation. It is assumed
that the oil in the clearance cavitates during expansion, thereby maintaining
a constant film pressure (-1.03 x 105 N/m2 or -15 psia). Note that the
beam is very thick. More beams might reduce beam thickness, but they would
adversely affect bending stresses (it is assumed that the beams are steel) and
inlet port flow coefficients. The parametric analysis conducted in this
program showed that the curved beam damper can meet low and high load
requirements.
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Viscous/Friction Damper -- Design of this concept, which consists of two
da~pers 1n serles, was based on the following assumption: the viscous damper
(which is a conventional squeeze fil~ da~per) controls the low loads, while
the high loads are primarily controlled by the friction damper. Various
cl earances and friction da~per geometri es were i nvesti gated to obtai n requ ired
stiffness and damping at low and high excursions. One configuration which
meets this requirement is shown in Table 5.2-1. The O. 13 m~ (5 mils) squeeze
film damper controls low vibration due to inherent i~balance while the
friction damper, once actuated, can dissipate enough energy to control high
vibrations which could occur under blade loss. This configuration also
required a parallel support of 88MN/m (5 x 105 lb/in). Although various
design configurations are feasible, no attempt was made to develop an
optimized design.
All three concepts were candidates for the large transport engine. Each
concept could be designed to meet the low and high imbalance response limits
of the engine; but the practicality, size and weight, maintenance and previous
experience associated with each concept decided the relative advantage of one
concept over the others. Of the three concepts, only the single squeeze film
damper is used successfully in an engine. On the other hand, the curved bea~
and the viscous/friction dampers are still being evaluated on test rigs. This
and the following considerations made the single film damper the most
promising concept for further evaluation in a large transport engine:
o The risks associated with a single film damper are minimum.
o The large transport engine is insensitive to small nonlinearity which
is inherent in the squeeze film damper.
o The curved beam damper which is linear and compact did not offer any
significant advantages in this engine. In addition, the designed
thickness of the bealJ I.light be too large for practical application.
o The viscous/friction damper is very nonlinear and occupies large
space. It also has 1,lOre moving compartments which result in high
maintenance requirements. In addition, an effective friction-heat
removal system is needed in such dampers.
5.2.2 Small General Aviation Engine
Multi-Ring Dar.lper -- After iterations on two and three filr.l dampers, a multi-
ring damper configuration with a parallel support was developed (see Table
5.2-1). The axially sealed three film damper seemed to provide sufficient
energy dissipation and control over engine response at low and high imbalance
loads. The radius and length of the damper were close to the bearing
dimensions. This 0.84 mm (33 mil) clearance damper was assumed to operate at
an eccentricity ratio of 0.67 at high imbalance loads.
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•Curved Bea~ Damper -- Once again, a four beam damper was used to obtain
requlred stiffness and damping coefficients. The physical dimensions and
operating conditions are shown in Table 5.2-1. The 0.64 mm (25 mils) radial
clearance minimizes nonlinearity due to pre'ssures generated by squeezing and
sheari ng the oil. The hi gh supply pressure avoi ds starvation.
Viscous/Friction DaQper -- The geometry and operating conditions of the
viscous/friction damper are shown in Table 5.2-1. This configuration can
generate sufficient stiffness and damping at low and high excursions, and
control engine deflections and support loads. A parallel support of 35 MN/m
(2 x 105 lb/in) is required to provide sufficient stiffness at high load.
The viscous damper is active at low levels of vibration while the friction
damper is assumed to playa dominant role under high i~balance loads.
All three concepts were candidates for the sl:lall general aviation engine. Each
concept could be designed to meet the low and high imbalance response limits
of the engine. The curved beam damper is small in size and provides a linear
stiffness and damping. The size of the engine and its sensitivity to nonlinear
stiffness and da~ping were considered and the curved bea~ damper was selected
as the~ost promising concept for further evaluation. The other two concepts
were not considered for the following reasons.
o MUlti-ring with parallel support and viscous/friction dampers are
heavy and require too much space for this application.
o Engine sensitivity to nonlinear stiffness and damping also
discouraged use of multi-ring and viscous/friction dampers.
o The curved beam damper offered the lowest weight and size for this
engi nee
5.2.3 Military Engine
Multi-Ring Damper -- Even after several iterations, no satisfactory
configuration could be designed. Single film, two fil~ and three fil~ designs
with different operating conditions were evaluated, but none could meet low
and high load requ irements sati sfactori ly.
Curved Bea~ Damper -- The geometry and operating conditions of the curved beam
damper are described in Table 5.2-1. This configuration, which is not unique
in any way, can generate the required stiffness and damping and rilaintain
engine response below limits for safe operation. Once again, a large clearance
was used to ~inimize nonlinear effects. In addition, supply pressure was
selected to avoid starvation. .
Viscous/Friction Damper -- Assuming that the viscous damper controls low
vibrations and the friction damper controls high Vibrations, the geometry and
operating conditions needed to meet damping requirements are shown in Table
5.2-1. A parallel support of 18 MN/m (1 x 105 1b/in) was required to provide
sufficient stiffness at high load.
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Unlike the other two engines, only two concepts could be designec,1 for the
military engine. The curved beam and viscous/friction concepts were potential
candi dates for thi sengi nee Out of these two, the curved bear.l damper was
considered to be the most promising on~ for the military engine. This and the
following reasons were considered before the curved beam damper was chosen for
further evaluation:
o The r;Jilit~ry engine is sensitive to small changes in the stiffness
and damping. Hence use of viscous/friction damper might result in
unacceptably high engine response and support loads.
o Viscous/friction damper, in addition to its large size, is
mechanically complex with moving parts subject to wear and
potentially in need of periodic maintenance.
To suri1T.larize, several concepts could be considered potential candidates for
each representative engine. The curved beam damper was selected as the most
proll1ising concept for the military and small general aviation engines while a
large clearance single fil~ damper with parallel support was selected for the
large transport engine.
5.3 PREDICTED PERFORMANCE
The r.lost promising damper concepts for all three engines have been selected
and designed. The engines did not have any dampers in their bill of material
fona, but the introduction of a sensitive mode within the operating range
created a requirement for a damper that would at least control low inherent
imbalance. It was also shown during damper selection that a conventional
damper of 0.13 mm (5 mils) clearance can meet the low load requirements for
all three engines. Therefore, it is assumed that the three representative
engines would have the 0.13 mm (51T1i1S) conventional damper for baseline
response. The new proposed concepts have been evaluated against this baseline
response.
The forced response analysis used in this study can consider a sqUeele filr.1
damper by iteration on nonlinear stiffness and damping. The curved beal.l dar.1per
was analyzed as a constant stiffness and damping element.
Resul ts of the response analyses for these engi nes are di scussed below~
5.3.1 Large Transport Engine
The large clearance, single fil~ da~per with a parallel support was considered
to be the r.1ost promising concept for the large transport engine. The engine
was analyzed with this damper and a conventional damper for low, inteN.lediate
and high levels of imbalance. Figure 5.3~1 shows the compressor gap reductions
as well as the limits for safe operation. At low load (144 gr,l-cm (2 oz~in)),
engine responses with the proposed and conventional dampers were sr,lall and
within limits for efficient operation.
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Figure 5.3-1
HIGH SHAFT SI'EED, "I'M X '0- 3
Co~pressor Gap Reduction at Low, InterQediate, and High
Levels of I~balance; Conventional and Proposed Dampers;
Large Transport Engine
The proposed damper reduced the gap by a maximum of O. 018rilm (0.7 r.1i 1) wh il e
the conventional da~per reduced it by a maximu~ of 0.01 mm (0.4 mil). The
li~it was 0.08 mm (3 mils). Hence, both dampers were effective at low loads
and maintained the deflection levels well within design values. The high load
3200 gm-cm (44 oz-in) response was noticeably different. The proposed da~per
held the compressor gap reduction to less than 0.45 r,m (18 mil s) throughout
the operating range, co~pared to the design li~it of 1.8 ~fil (70 fails). This
control was due to the avai 1i abi 1ity of hi gher than necessary dar.lpi ng at the
desired stiffness. Nonlinearity also ~ight have contributed to this reduction;
the proposed damper is overdesigned and reduction in damper clearance might be
possible. Lower clearance dampers are advantageous in meeting maneuver
deflection criteria.
The conventional squeeze fil~ da~per could not meet the high load
requirements. The ~axi~u~ gap reduction was 5.8 mm (228 mils) which exceeded
safe shutdown li~its. Even at an inter~ediate level of imbalance 1440 gm-cm
(20 oz-in), the maximum gap reduction was as high as 1.5 mm (60 mils).
Based on linear analysis, the expected peak response speed was 6400 rpm.
Surprisingly it is very close to the peak response speed for the proposed
da~per, but it is off for the conventional da~per. Interestingly, the
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conventional damper introduced another peak within the operating range which
was not observed in the engine with the proposed damper. The high nonlinearity
at high operating eccentricity might have caused the shift in modes and the
change in coupling between modes.
Figure 5.3-2 shows the load transmitted through the damper support. Although
the limit was very high (approximately 66,700 N (15,000 1bs)), the
conventional damper showed a load of 833000 N (187,300 lbs) at high imbalance
loads (not shown in figure). The support load was 271000 N (47,480 1bs) at
intermediate load (1440 gm-cm (20 oz. in)). Unlike the compressor gap
reduction response, the bearing load showed two peaks in the operating range
even with the proposed damper.
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Figure 5. 3-2 Number 2 Bearing Loads; Conventional and Proposed Dampers;
Large Transport Engine
Table 5.3-1 describes peak responses at various locations for the engine with
the proposed damper. In comparison with the responses in Table 5.3-11 for the
conventional squeeze film damper, the proposed damper showed better overall
performance for moderate and high imbalance. However the conventional damper
showed better performance at low imbalance because it was designed
specifically for these conditions.
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Table 5.3-1
La rge 1ranspo rt Engi ne Response; Proposed Damper
(0.74 mr.l, parallel supported dar.lper)
1r.1balance
Response Location 144 gr.1-cm 1440 gr,J-cm 3200 gr.1-Cr.l
HPC Stage 1 Gap Reouction 1,1r.1 (I.lils) 0.015 (0.6) 0.17 ( 6.5) 0.41 (16.1)
.. HPC Stage 3 Gap Reduction 0.018 (0.7) 0.18 ( 7.2) 0.46 (18.0 )
HPC Stage 5 Gap Reduction O.Olb (0.71 0.19 ( 7.3) 0.46 (18.0 )
HPC Stage 7 Gap Reduction 0.018 (0.7) 0.19 ( 7.3) 0.46 (18.1 )
HPC Stage 9 Gap Reduction 0.018 (0.7) 0.18 ( 7.0) 0.44 (17. b I
HPC Stage 11 Gap Reduction 0.015 (U.6) 0.17 ( 6.5) 0.41 (16.2 )
HPl Stage 1 Gap Reduction 0.01 j (0.5 ) 0.13 ( 5.3) 0.30 (l1.b)
HPT St.ge 2 Gap Reduction 0.015 (0.6) 0.15 ( 6.1) 0.34 (13.5)
Support Nu~ber 2 Deflection 0.013 (0.5) 0.13 ( 5.3) 0.33 (12.8)
Support NUr.1ber 3 Deflection 0.003 (O.ll 0.02 ( 0.8) 0.05 ( 2.0)
Fan Case Deflection 0.025 (1) 0.25 (10 J 0.57 (22.4)
Fan Duct Deflection 0.008 (0.3) 0.08 ( 3.0) 0.17 ( 6.6 J
Turbine Case Deflection 0.005 (0.2) 0.04 (1.7) 0.97 ( 3.8)
lable 5.3-II
Large Transport Engine Response; Conventional Squeeze Film Damper
(0.13 C~ dar.1per)
1r.1balance
Response Location 144 gm-cm 1440 grJ-cm 3200 gr.1-cm
HPC Stage 1 Gap Reduction m~ (I.lils) 0.010 (0.4) o.m (32.0) 2.89 (114.0 ;
HPC Stage 3 Gap Reouction 0.010 (0.4 ) 1.37 (54.0 ) 5.18 (204.0)
HPC Stage 5 Gap Reduction 0.010 (0.4) 1. 52 (60.0) . 5.79 (228.0)
HPC Stage 7 Gap Reduction 0.010 (0.4 ) 1.65 (65.0) 6.40 (252.0)
HPC Stage 9 Gap Reduction 0.010 (0.4 ) 1.68 (66.0) 6.53 (257.0 )
HPC Stage 11 Gap Reduction 0.010 (0.4 ) 1.57 (62.0) 6.17 (243.0)
HPl Stage 1 Gap Reduction 0.005 (0.2) 0.18 ( 6.9) 0.66 ( 26.0;
HPT Stage 2 Gap Reduction (j.005 (0.2 ) 0.46 (18.0) 1. 73 ( 68.0)
Support Nur.lber 2 Defl ecti on 0.008 (0.3) 0.11 ( 4.3) 0.12 ( 4.8)
Support NUlilber 3 Deflection 0.001 (0.04) 0.07 ( 2.9) 0.28 ( 11.0)
Fan Case Deflection 0.002 (0.06) 0.48 (19.0 ) 2.16 ( 85.0)
Fan Duct Deflection 0.002 (0.08) 0.33 (13.0 ) 1.32 ( 52.0)
Turbine Case Deflection 0.002 (0.06) 0.04 ( 1.5 j 0.12 4.9)
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5.3.2 &~a11 General Aviation Engine
The curved bea~ da~per was selected as the most pro~lls1ng concept for the
s~all general aviation engine. The engine, which is sensitive to imbalance
load and changes in stiffness, was analyzed with the curved beam (proposed)
damper and a 0.13 m~ (5 mils) radial clearance conventional squeeze film
damper. Figure 5.3-3 shows the turoine gap reduction as well as the design
limits for safe shutdo\'m. The limits for low hlba1ance loads were met by both
dampers. In fact, the conventional damper was more effective at low inherent
imbalance 72 gm-cm (1 oz-in). Gap reduction with the conventional damper was
0.05 ~~ (2 l~i1s) while gap reduction with the curved beam damper was
0.13 mm (5 ~ils). In addition, a single peak was seen for the curved beam
da~per, but the response was almost flat for the conventional damper.
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At high imbalance 720 glrcm (10 oz-in), the curved beam damper ~aintained the
gap reduction within the limit as expected. At the same time, it introduced
another peak wi thi n tile operati ng range. In contrast, the conventi onal damper
could not meet the high load limits. Even at an intermediate level of
ir.lbalance 360 gm-cm (5 oz-in), the gap reduction was 3.33 I,lm (131 mils), which·
exceeded the safety limits. Nonlinearity, high stiffness and damping caused
the shift of peak response speeds.
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Figure 5.3-4 shows the support load at the damper location. The proposed
damper held the load well below the design limit, but the conventional damper
did not. Even at the intermediate imbalance level, the load was 146800 N
(33,000 lbs), which is above the allowable limit for this application.
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The overall response of the engine with the proposed damper is shown in Table
5.3-111. In comparison with the response for the conventional damper (Table
5.3-IV), the proposed damper showed siginificantly better performance for
intermediate and high imbalance loads. However, the conventional damper showed
better performance at low loads because it was designed specifically for those
conditions.
The response for the curved beam damper at intermediate levels of imbalance
can be obtained by linearly scaling the response at low imbalance. This is
because the curved beam damper is linear over its operating range.
For the conventional squeeze film damper, the engine response exceeded the
defined designed limits at intermediate levels of imbalance. Therefore the
responses at high imbalance loads were not presented.
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labl e 5.3-II I
Sr,lal1 General Aviation Engine f,esponse; Proposea Dar.1per
(Curved bear,))
Ir.1bulance
Location 72 gr.1-em 722 gr,l-cr,1
COr.1pressor Stage 1 Gap Reduction ~r.1 (r,lil s) 0.023 (0.9 ) 0.23 ( 8.9 J
Compressor Stage 3 Gap Reduction 0.028 (1 .1) 0.29 (11.3)
COr.1pressor Stage 5 Gap Reduction 0.030 (1.2) 0.32 (12.4)
COr.1pressor Stage 7 Gap Reduction 0.033 (1.3) 0.33 (12.9)
Support NUr.1ber 1 Deflection 0.015 (0.6 : 0.16 ( 6.2)
Support NUIJber 2 Deflection 0.023 (0.9) 0.22 ( 8.8)
Support NUr.1ber 3 Deflection 0.051 (2.0) 0.50 (19.8)
Case Defl ecti 0 n 1 (Front) 0.025 (1.0 ) 0.25 (10.0 )
Case Deflection 2 (Beari ng Nur.lber 2) 0.020 (0.8; 0.21 ( 8.41
Case Deflection 3 (Bearing NUr.1ber 3) 0.025 (1.0 ) 0.25 11 0.0)
Case Deflection 4 ( End) 0.053 (2.1 ) 0.54 (21.3)
lurbine Stage 1 Gap Reduction 0.089 (3.5) 0.90 (35.4 j
lurbine ~tage 2 Gap Reduction 0.114 (4.5 ; 1.13 (44.5 j
lable 5.3-IV
Small General Aviation Engine Response; Conventional Dar.lper
(0.13 IJr.1 squeeze filw)
Il:lbalance
Location 72 gm-cm 360 gIJ-cr.l
COIJpressor Stage 1 Gap Reduction IJI:l (r,1i 1s ) 0.070 (0.4) 0.53 (20.7;
Compressor Stage 3 Gap Reduction 0.013 (0.5 ) 0.63 (24.9)
COIJpressor Stage 5 Gap Reduction 0.013 (0.5) 0.62 (24.6)
COl:lpressor Stage 7 Gap Reduction 0.013 (0.5) 0.64 (25.0 )
Support NUr.1ber 1 Deflection 0.0013 (0.3) 0.38 114.9)
Support NUr.iber 2 Deflection 0.005 (0.2 ) 0.46 (18.3)
Support NUl:lber 3 Deflection 0.043 (1. 7l 0.12 (4.71
Case Deflection 1 (Near Front) 0.013 (0.5 ) 1.06 (41.9)
Case Deflecti on 2 (Near Bearing NUIJber 21 0.010 (0.4) 0.50 (19.7)
Case Deflection 3 (Near Bearing NUr.lber 3) 0.020 (0.8 ) 0.53 (21.0 )
Case Deflection 4 (Near End) 0.030 (1.2) 2.88 (113.5)
lurbine Stage 1 Gap Reducti<Jn 0.043 (1. 7l 2.40 (94.5)
lurbine stage 2 Gap Reduction 0.043 (1. 7l 3.33 (131.0J
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5.3.3 Military Engine
The curved beam da~per was also selected as the ~ost pror.lls1ng concept for the
~ilitary engine. This engine, which is sensitive to i~balance and support
stiffness, was analyzed at various levels of i~balance with the curved bea~
damper and a conventional squeeze film da~per of 0.13 mm (5 mils) radial
cl earance.
Figure 5.3-5 shows the turbine gap reduction under low 144 gr,,-c~ (2 oz-in),
intermediate 1800 gm-cm (25 oz-in), and high 3600 g~-cm (50 oz-in) imbalance
loads. At low lvels of imbalance, the turbine gap reductions by conventional
damper and curved bea~ da~per were co~parable. At high loads, the engine with
the proposed damper met safe operating li~its, while the conventional damper
did not. Even at the intermediate i~balance level, the turbine gap reduction
was 3.00 ~~ (118 mils), which was significantly higher than the li~it. As
shown in the figure, there is another peak response speed which is just
outside the operating range. The gap reduction with the proposed damper
slightly exceeded the safety li~it at that QOde. If that speed proves to be of
concern, the damper should be redesigned to attenuate the response. However,
since it is beyond the maximum operating speed for an advanced ~ilitary
engine, it is of no concern in this study.
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Figure 5.3-6 shows the support load at various levels of imbalance. The
proposed damper met the load limit while the conventional damper did not. An
intermediate imbalance load of 1800 gm-cm (25 oz-in) produces a bearing load
in excess of 45,000 N (lO,OOOLB) the load limit for this engine.
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The overall engine responses with the proposed and conventional dampers are
shown in Tables 5.3-V and 5.3-VI. The curved beam damper performed
significantly better than the conventional squeeze film damper for
intermediate and high imbalance loads.
The response for the curved beam damper at intermediate levels of imbalance
can be obtained by linearly scaling the response at low imbalance. This is
because the curved beam damper is linear over its operating range.
For conventional squeeze film damper, the engine response exceeded the defined
design limits at intermediate levels of imbalance. Therefore the responses at
high imbalance loads were not presented.
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Table 5.3-V
Mi 1i ta ry Engi ne Response; Proposed Damper (Curved bear.Jl
Imbalance
Locati on 72 gr.l-C m 3600 gm-w
Fan Stage 1 Gap Reduction ~m (r.1 il s) 0.061 (2.4 ) 1.52 (60.0 )
Fan Stage 2 Gap Reducti on 0.041 (1.6 ) 1.02 (40.0)
Fan Stage 3 Gap Reducti on 0.020 (0.8 ) 0.51 (20.0 )
LPT Stage 1 Gap Reduction 0.051 (2.0 ) 1.27 (50.0 )
LPl Stage 2 Gap Reduction 0.051 (2.0 ; 1.32 (52.0 )
Intershaft Gap Reduction 0.091 (3.6) 2.29 (90.0 )
Support 1 Deflection 0.003 (0.1) 0.06 ( 2.5;
Suppo rt 2 Defl ecti 0 n 0.015 (0.6 ) 0.38 (15.0 )
Sup port 3 De fl ection 0.036 (1.4) 1. 78 (70.0 ;
Support 4 Deflection 0.005 (0.2) 0.13 ( 5.0)
Support 5 Deflection 0.023 (0.9 ) 0.58 (23.0)
Fan Case Deflection 0.036 (1.4 ) 0.89 (35.0 )
Fan Duct Deflection 0.036 (1.4 ) 0.89 (35.0]
lable 5.3-VI
Military Engine Response; Conventional Dallper (0 .13 r.tll S quee ze f i lra )
Imbalance
Location 72 gr,l-Cm ,800 gm-Cr.1
Fan Stage 1 Gap Reduction mm (r.1il s) 0.061 (2.4 ) 1.34 (52.7)
Fan Stage 2 Gap Reduction 0.036 (1.4] 0.80 (31.5)
Fan Stage 3 Gap Reduction 0.018 (0.7) 0.40 (15.7)
LPT Stage 1 Gap Reducti 0 n 0.056 (2.2) 0.38 (14.8 )
LPl Stage 2 Gap Reduction 0.053 (2.1) 3.00 (118.0)
Intershaft Gap Reduction 0.076 (3.0 ) 2.64 (108.0 )
Support 1 Deflection 0.003 (0.1) 0.05 ( 1.9 )
Support 2 Deflection 0.013 (0.5 ) 0.25 ( 9.b]
Su pport 3 De fl ection 0.041 (1.6 J 0.96 ( 37.7;
Support 4 Deflection 0.005 (0.2] 0.09 ( 3.5J
Support 5 Deflection 0.020 (0.8) 0.11 ( 4.2 ;
Fan Case Deflection 0.033 (1.3 ) 0.88 ( 34.8)
Fan Duct Deflection 0.035 (1. 2; 0.61 ( 24)
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SECTION 6.0
CONCLUSIONS AND RECOMMENDATIONS
The completion of the work reported herein has added significantly to the
understanding of high load damping requirements and the development of
damper concepts capable of meeting these requirements. The operational
characteristics, relative advantages and disadvantages, and applicability of
several concepts was thoroughly investigated in this program. Comparison of
engine response with high load dampers and conventional squeeze film dampers
led to the following conclusions:
o The proposed damper concepts can be designed to effectively control
sensitive vibration modes in modern gas turbine engines subjected to high
imbalance loads.
o The curved beam damper showed the greatest potential for successful
application to future engines because of its linearity and independent
control over stiffness and damping.
o The success of the high load damper concepts was due to their ability to
provide required stiffness and damping and allow high excursions without
bottoming out.
o Conventional squeeze film dampers designed for normal residual imbalance
are too nonlinear to function well under high imbalance load conditions.
Although a substantial enhancement in the understanding of high load dampers
has been achieved, additional efforts in this area are required. Each of the
damper concepts should be analyzed rigorously under a wide range of operating
conditions. More specifically, effort should be directed toward the following
objectives:
o The curved beam damper, which showed the most promise for future
applications, should be tested experimentally to validate the results of
the analysis. Factors which should be considered include fluid inertia,
port flow coefficient fluctuation, and the dynamics of the curved beam.
o A more sophisticated analysis of the muti-ring damper should be
conducted, focusing on factors such as ring rotation, inertia, and
non-identical oil films. In addition, experimental research is required
to define the operating characteristics of this damper.
In general, this program expanded the technology base for high load damper
concepts. Due to their potential applications in future jet engines, further
analytical and experimental efforts are justified.
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NOMENCLATURt
Term Definition
B uamping coefficient, lD sec/in, NS/m
C Radial clearance, in, mm
E Young's Modulus, lb/in2, N/m 2
FR ~aGial force, lb, N
FT Tangential torce, 10, N
K Stiffness coefficient, lb/in, N/m
L Axial length, in, cm
N Number of curved beams
R Raaius, in, cm
Rm Mean radius, em
e Eccentricity, in, em
Half length of curvea beam, in, cm
n Number of films
a Phase angle oetween el and e2' aeg
~ Phase angle between eJ and e2' deg
€ Eccentricity ratio
P Viscosity of fluia, Reyns, cp
W Whirl speed, rad/sec
Subscripts
eq Equivalent
f Friction
j Journal or shaft
s Squeeze film
T Total
Film number
2 Film number 2
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